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Abstract 

The hydro-viscous drive (HVD) has been widely used in fan transmission in vehicles, fans, and scraper conveyors for 
step-less speed regulation or soft starting. In the mixed friction stage, the contact, friction, and torque characteris-
tics of friction pairs are very complex and change at any time. The characteristics of the frictional and hydrodynamic 
lubrication states were studied in order to calculate and predict the friction and torque characteristics of the friction 
pairs in the mixed friction stage. The fluid torque was calculated by applying the average shear stress model and the 
load-carrying capacity of asperity was determined on the basis of the fractal contact theory. In addition, the contact 
friction coefficient of the friction pairs was taken into consideration and measured by using the MM1000-III friction 
and wear testing machine. The asperity friction torque and total torque in the mixed friction stage were obtained and 
finally, the test rig for the torque characteristics was set up. The results show that the contribution to the total torque 
is shared by the oil film and the asperity friction. The friction coefficient decreases sharply at first and then increases 
with a change in the relative rotational speed, following the Stribeck curve closely, and the contact frictional coef-
ficient slowly decreases with increase in the pressure between the friction pairs. The torque between the friction pairs 
is provided by the asperity friction, and the torque due to the oil film reduces to zero. When the thickness of the oil 
film is small, a major contribution to the total torque is due to the asperity friction. The total torque also increases with 
the decrease in the film thickness ratio. Therefore, by theoretical analysis and experimental verification, the torque of 
the friction pairs in the mixed friction stage can be accurately calculated using the average shear stress model and 
asperity friction torque model.
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1 Introduction
The hydro-viscous drive (HVD) which is widely used in 
fans, pumps, belt conveyors, and scraper conveyors is a 
kind of torque and power transmission device based on 
oil film shearing and friction for step-less speed regula-
tion, soft starting, and overload protection [1]. The HVD 
mainly consists of a series of friction plates (FP) and sep-
arator discs (SD) and the torque is generated by the rela-
tive rotation of these. The output speed can be changed 
by changing the thickness of the oil film, which can be 

accomplished by a clutch piston that is acted by control 
oil. There are three stages of speed regulation: (i) fluid 
transmission by shear stress, (ii) mixed friction, where 
the surface asperities come into contact as the thickness 
of the fluid film decreases, and (iii) rough contact stage 
until the relative velocity becomes zero [2, 3].

In mixed friction, the load-carrying capacity and torque 
are shared by the oil film and asperity contact. However, 
the ratio, distribution area, and contact status of the oil 
film and asperity contact are very complicated. In addi-
tion, the load-carrying, torque, and frictional coefficient 
constantly change with the thickness of the oil film and 
the working conditions [4].

A lot of research has been conducted on the torque 
characteristics while using a wet clutch. A novel method 
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considering the clutch friction coefficient for estimating 
driveline torques for a vehicle with a dual-clutch trans-
mission was proposed [5]. A fractal model of elastic-plas-
tic contact between three-dimensional rough surfaces 
was built using the modified two-variable Weierstrass-
Mandelbrot function [6]. Zhao et al. developed a model 
of plane contacts in mixed lubrication, and pin-on-disc 
tests were carried out. The real contact area ratio, load 
sharing ratio, and friction coefficient were investigated [7, 
8]. Based on the fluid lubrication and Hertz contact the-
ory, the characteristics of contact and torque in the case 
of a wet clutch were obtained, and the wear model was 
established by using the fractal theory [9]. Based on the 
existing formulas, the torque stability of the friction pairs 
in the mixed friction stage was studied [10]. The influ-
encing factors of the friction characteristics of the paper-
based wet clutch were analyzed considering the influence 
of surface topography of the friction pairs [11]. Experi-
mental research on contact area and the effect on friction 
torque of paper-based friction pairs was carried out [12].

Therefore, based on the calculation model of load-
carrying capacity and torque in case of the wet clutch, 
the friction and torque characteristics of the HVD were 
determined [13, 14]. Besides, Berger [15] believed that 
the viscous torque of the friction pairs is small, and the 
friction torque is mainly provided by the asperity contact. 
The contact model of a rough surface was set up in the 
mixed friction stage of the HVD by outlining the asper-
ity contact properties [16]. An experimental research on 
friction characteristics of friction pairs in the HVD was 
conducted [17]. Although the structure of the HVD and 
wet clutch are similar, the working conditions are com-
pletely different. The engagement time of the wet clutch 
is very short, but the HVD is in a relative sliding and 
mixed friction state for a long time for stable speed regu-
lation. Therefore, the friction and torque characteristics 
are different in the working process of the HVD and wet 
clutch.

In fact, the contact and friction characteristics in the 
mixed friction stage are greatly time-varying and difficult 
to predict accurately. The changes in the friction coeffi-
cient play an important role in the calculation of friction 
torque. The friction coefficient model was analyzed and 
established on the basis of the sliding speed, the pressure, 
and the surface temperature of the clutch plates and the 
calculation model of the friction torque of a dry clutch 
was constructed [18]. The friction coefficient, local fric-
tion torque, and total output torque were analyzed under 
the effects of thermal buckling of Cu-based friction pairs 
in a wet multidisk clutch [19]. The frictional torque of 
the wet clutch was calculated considering the effects of 
surface roughness, permeability, elastic modulus of the 
frictional material, lubricant viscosity, and temperature 

by using the analytical model and experimental measure-
ment [20]. The friction characteristics of the wet clutch 
were tested using the SAE #2 test rig, and the conclusion 
was that the friction coefficient is affected by relative slid-
ing speed, pressure, and temperature [21]. The jitter and 
stick-slip of the wet clutch during engagement which is 
caused by the change of friction torque and friction coef-
ficient was analyzed [22, 23].

It is obvious that the friction torque of the HVD in the 
mixed friction stage cannot be calculated by the tradi-
tional model, especially as the friction coefficient is not 
measured and predicted accurately. Therefore, the fric-
tion and torque characteristics of friction pairs in the 
mixed friction stage were studied. The fluid torque was 
calculated by applying the average shear stress model. 
The contact friction coefficient was taken into consid-
eration and measured using the MM1000-III friction 
and wear testing machine. The changes in the asperity 
friction torque and total torque were obtained. The cal-
culated results provide a theoretical basis for research of 
frictional and torque characteristics of friction pairs in 
the HVD.

2  State Analysis of Mixed Friction Stage
The friction plate and separator disc are shown in Fig-
ure  1. The material of the SD is 32CrMnSiA. The core 
of the FP is 65Mn, and the copper based powder metal-
lurgy friction material is sintered on both sides. The fric-
tion material has the advantages of good speed regulation 
performance, high temperature resistance, and high reli-
ability. Therefore, the friction materials are widely used 
in HVD, wet clutch, friction brake, and other mechanical 
transmission. The double arcs oil grooves are machined 
on the surface of the FP. ψ is defined as the coefficient of 
effective area of the friction pairs, which is the ratio of 
the non-grooves area to the total area.

Figure  2 is the schematic diagram of friction pairs in 
the mixed friction stage. The FP and SD are composed 
of different roughness. The area between the inner and 
outer diameters is the nominal contact area Aa, which 
is made up of asperity contact and oil film shear zones. 

Figure 1 Friction pairs of HVD
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The asperity contact area, which is only a part of the 
nominal contact area, is the real contact area Ar. The 
total external load Wf, provided by the control oil pres-
sure, is shared by the oil film Wh and asperity contact Wa, 
i.e., Wf = Wh +Wa , and the total torque Tf is made up 
of the fluid torque Th and asperity friction torque Ta , i.e., 
Tf = Th + Ta.

2.1  Film Thickness Equation
The nominal film thickness h is the distance between the 
centerlines of two rough surface profiles, as shown in Fig-
ure 3, but the actual film thickness hT is a random vari-
able obtained from the probability of surface roughness. 
δ1 and δ2 are the heights of the asperity peaks. h̄T is the 
average actual film thickness given by [24]

where z = �/3 and σ is the root mean square roughness.
� is the film thickness ratio given by

(1)h̄T =
{
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In general, the effect of roughness on lubrication can be 
ascertained by the film thickness ratio. When � < 3 , the 
asperity contact will become evident, and then the fric-
tion pairs are said to be in the mixed friction stage.

2.2  Contact Area Ratio
The contact area ratio ka is defined as the ratio of the real 
contact area to nominal contact area, which changes with 
thickness of the oil film.

Assuming that the asperity peaks on the surface satisfy 
the Gaussian distribution with zero average value, Green-
wood and Tripp calculated the actual contact area ratio 
based on the G-W model as [5]

where ηp is the peak density of the rough surface, and Rp 
is the radius of curvature of the asperity peak. erfc(·) is 
the Gaussian residual error function given by 
erfc(x) = 2

/√
π

∫∞
x e−η2dη.

The actual contact area of the friction pairs changing 
with the film thickness ratio is given as

(3)

ka =
π2(ηpRpσ)

2

2

[

(1+ �
2) · erfc

(

�
√
2

)

−
√

2

π
�e−

�
2

2

]

,

(4)Ar = Aaka.
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Figure 2 Schematic diagram of mixed friction stage
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Figure 3 Diagram of two rough surfaces

3  Fluid Torque Model
Based on the Newton’s law for internal friction and the 
average flow model, the average shear stress model, in 
which the influence of surface roughness of the friction 
pairs on fluid torque is considered, is defined as follows 
[25]:
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where τ  is the average shear stress, φf  and φfs are the 
shear stress factors, µ is the dynamic viscosity of the 
fluid, ω1 is the angular velocity of the FP, and ω2 is the 
angular velocity of the SD.

In Eq. (5), the shear stress will be infinite when the 
thickness of the oil film approaches zero, and when it is 

close to the value of the molecular diameter, the Newton’s 
law for internal friction is not valid. Therefore, a quantity 
ε needs to be defined, and the shear stress is assumed to 
be zero when the thickness of the oil film is less than this 
value ε.

The shear stress factor φf  is the average of the sliding 
speed of friction surfaces and given by

where ε∗ = 0.00333.

The expression for the shear stress factor φfs is as 
follows:

where Vr1 = (σ1
/

σ)2, Vr2 = (σ2
/

σ)2,

where A3,α4,α5 and α6 are the corresponding 
coefficients.

In the mixed friction stage, because the depth of the oil 
groove is much larger than the thickness of the oil film, 
the shear torque of the oil groove area is much smaller 
than that of the non-groove area. Therefore, the influence 
of the flow in the groove area and the shape of the groove 
on the torque due to the oil film are neglected.

Therefore, the fluid torque of the friction pairs in the 
average shear stress model in the mixed friction stage can 
be expressed as
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where R1 and R2 are the inner and outer radii of the fric-
tion pairs respectively.

4  Asperity Friction Torque Model
4.1  Load‑Carrying Capacity of Asperity
Based on the fractal contact theory, the M-B fractal con-
tact model of the friction pairs was established, and the 
load-carrying capacity of asperity in the mixed friction 
stage was obtained [26].

If al > ac , the total load is given by

where E is the equivalent elastic modulus, D is the fractal 
dimension, G is the scale factor, and H is the hardness of 
softer materials.

If al < ac , the total load is given by

al is the maximum area of the contact point

ac is the critical contact area given by

where σy is the yield strength of softer materials.
Each parameter is expressed as follows:

The nominal contact area is:

Ψ  can be obtained by the following equation:
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4.2  Contact Friction Coefficient
The contact friction coefficient which is defined for the 
calculation of asperity friction torque is only caused by 
the asperity contact and friction in the mixed friction 
stage. It is a part of the total friction coefficient but is 
affected by the oil film and is different from dry friction. 
The change rule of the contact friction coefficient can be 
obtained by measuring the torque characteristics of fric-
tion pairs by the test method.

4.2.1  MM1000‑III Friction and Wear Testing Machine
MM1000-III friction and wear testing machine is suitable 
for the testing the brake and transmission performance of 
friction pairs in the fields of aerospace, rail trains, auto-
mobiles, and construction machinery. The dry friction 
braking performance test and wet inertial transmission 
performance test of friction pairs made of metallic, non-
metallic, and composite materials can be carried out.

The testing machine mainly consists of a mechanical 
system, power system, control system, and data test sys-
tem. The structural diagram is shown in Figure 4.

4.2.2  Test Principle and Scheme
The FP is located on the main shaft and can rotate but the 
SD is fixed in a circumferential direction. The working oil 
flows from the inner to the outer diameter of the friction 
pairs through the clearance and oil grooves. The type of 
relative friction and oil supply methods are consistent 
with the friction pairs in the HVD.

Firstly, an inertia load is selected and the FP rotates 
with the main shaft after the main motor is started. After 
reaching the set stable speed, the main shaft disengages 
from the main motor by using the clutch. At the same 
time, a pressure is provided for the friction pairs through 
the cylinder. The FP and SD slide against each other until 
the rotation of the FP becomes zero.

(17)
Ψ (2−D)/2 − (1+ Ψ−D/2)−(2−D)/D

(2− D)/D
= 1.

The friction torque can be measured by the torque sen-
sor and the speed of the FP by the speed sensor. The pres-
sure between the friction pairs can be obtained by the 
pressure of the cylinder and effective area of the friction 
pairs. The temperature of the friction pairs can be deter-
mined by a temperature sensor that is installed on the 
SD. The dynamic frictional coefficient can be calculated 
at different relative sliding velocities.

The rotating speed of the main shaft was 4200  r/min. 
The inertia load was 0.6 kg·m2, and the braking tests were 
conducted when the pressure of the friction pairs was 
varied from 0.1 MPa to 1 MPa.

4.2.3  Analysis of Test Results
Generally speaking, the frictional coefficient is always 
affected by the temperature, pressure between the FP 
and SD, properties of the working oil, and relative sliding 
speed. All other factors being the same, the variation of 
frictional coefficient with relative speed under different 
pressures was determined by using the friction and wear 
testing machine, as shown in Figure 5.

The variation in the frictional coefficient with the rela-
tive speed was first analyzed. As shown in Figure  5, in 
the low speed area where the relative speed is less than 
600  r/min, the frictional coefficient decreases sharply, 
from around 0.14, with increase in the relative speed. 
The large frictional coefficient-relative speed gradient is 
caused by the difference between the dynamic and static 
frictional coefficients. At a certain value of the relative 
speed, the frictional coefficient increases, but the gra-
dient is small. The reason is that a partial oil film exists 
between the friction pairs in the mixed friction stage, and 
the viscous shear stress of the oil film increases with the 
relative speed. In addition, as the pressure of the friction 
pairs increases, the area of the oil film decreases, hence, 
the effect of the shear stress decreases gradually.

The test results of the frictional coefficient are very 
similar to the Stribeck curve, which is shown in Fig-
ure 6 [27]. The friction coefficient decreases sharply and 
then increases slowly with the increase of relative sliding 
velocity. 

If the effect of the shear stress on the frictional coeffi-
cient is detracted, the contact frictional coefficient can be 
obtained [27]. The graph between the contact frictional 
coefficient and relative speed is approximately parallel to 
the horizontal axis in the high-speed area, as shown in 
Figure 7.

The large negative gradient in the frictional coefficient-
relative speed curve indicates that it is an unstable speed 
regulation stage in the low speed area. Therefore, the sta-
ble speed regulation stage in the high-speed area is con-
sidered where the contact frictional coefficient does not 
change with variation in the relative speed.

Main motor

CylinderSeparator discFriction plateMain shaftClutchInertia

Figure 4 Structure of MM1000-III friction and wear testing machine
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In order to determine the relationship between the 
contact frictional coefficient and the film thickness ratio, 
the influence of pressure on the contact frictional coef-
ficient should be considered. The values of the contact 
frictional coefficient at different pressures were extracted 
from the test data as shown in Table 1. After polynomial 
fitting, the relationship between the contact frictional 
coefficient and pressure was obtained as given in Equa-
tion (18), which is shown in Figure 8. It can be concluded 
that the contact frictional coefficient gradually decreases 
with pressure and can be used to calculate the asperity 
friction torque.

(18)
fa = 0.073− 0.1557pa + 0.233p2a − 0.1595p3a + 0.0379p4a,

where fa is the contact frictional coefficient and pa is the 
pressure.

The contact frictional coefficients are measured repeat-
edly by the testing machine for the same conditions of 
initial rotating speed, inertia, and pressure. The temper-
ature of the friction pairs, obtained approximately from 
the maximum value of the temperature sensor on the 
SD, gradually rises due to the power loss of friction. The 
relationship between the contact frictional coefficient 
and temperature at a pressure of 0.6 MPa is shown in Fig-
ure 9. It can be seen that with the increase of tempera-
ture, the contact frictional coefficient remains basically 
unchanged. The main reason is that the copper based 
powder metallurgy friction material has better thermal 
stability of friction coefficient within this temperature 
range.

4.3  Asperity Friction Torque
After the load-carrying capacity of asperity and the con-
tact frictional coefficient under different film thickness 
ratio were determined, the asperity friction torque can be 
calculated as follows:

5  Experimental Research
A test rig was built to analyze the torque characteristics 
of the HVD in the mixed friction stage and verify the the-
oretical model. The components are shown in Figure 10.

(19)Ta =
Wafa(R1 + R2)

2
.
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Figure 5 Variation of frictional coefficient with relative speed under different pressure

af

slipv

akf

asf

0

Figure 6 Stribeck curve ( fak is the dynamic friction coefficient, fas 
is the maximum static friction coefficient, vslip is the relative sliding 
velocity)
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The test rig consists of a mechanical system, an oper-
ational control system, a hydraulic system, and a test 
system. The HVD is driven by a motor, and the load is 

provided by an eddy current dynamometer. Inside the 
HVD, a thrust bearing is placed in the axial direction 
between the plate and piston as shown in Figure 11. The 
cylinder and piston do not rotate in the tangential direc-
tion, therefore, it is convenient to install the displace-
ment transducer. After the displacement of the piston is 
accurately measured, the thickness of the oil film and film 
thickness ratio can be calculated.

The hydraulic system consists of the channels of the 
working oil and controlling oil. The working oil is sup-
plied to the gap between the friction pairs and plays the 
role of coolant. The gaps between the friction pairs can 
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Figure 7 Variation of contact frictional coefficient

Table 1 Contact frictional coefficient at different pressures

pa (MPa) 0.1 0.2 0.3 0.4 0.5

fa 0.06 0.05 0.044 0.039 0.036

pa (MPa) 0.6 0.7 0.8 0.9 1

fa 0.034 0.033 0.0315 0.03 0.029

(MPa)ap
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Figure 8 Variation of contact frictional coefficient with pressure
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Figure 9 Variation of contact frictional coefficient with temperature
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be adjusted by the electro-hydraulic proportional relief 
valve to control the oil pressure.

During the test, the output of the HVD is in brake state, 
and the input rotational speed is constant. The pressure 
of the control oil is increased gradually to change the 
thickness of the oil film, so that the mixed friction stage 
can be examined and the variation of the torque of the 
friction pairs with the thickness of the oil film can be 
measured.

The test system includes a torque-speed transducer for 
measuring the speed of rotation and torque of the input 
and output. The temperature and pressure of the lubri-
cant oil can be measured by a thermocouple and pres-
sure gauge, respectively. The displacement transducer is 
used to measure the thickness of the oil film. The load-
carrying capacity of the friction pairs can be calculated 
by measuring the pressure of the control oil.

6  Results and Discussion
Using the formulas of the fluid torque and asperity fric-
tion torque models, the relation between the torque of 
the friction pairs and film thickness ratio was obtained. 
The parameters of the structure, material, and working 
conditions are shown in Table 2.

6.1  Fluid Torque
The variation in the thickness of the oil film is shown 
in Figure 12. Both the average of the actual thickness of 
the oil film h̄T and the nominal thickness of the oil film 
h increase with the film thickness ratio � . When � > 1.5 , 
they are basically the same. However, when 0 < � < 1.5 , 
h̄T is slightly greater than h. When � = 0 , h̄T is not zero. 

Motor
Torque-speed 

transducer

Electro-hydraulic 
proportional relief valve

Fluid flow 
rate meter

Pumping station

Eddy current 
dynamometer

Torque-speed 
transducer

Pressure gaugePressure gauge Thermocouple

Control oil 
channel

Lubricant 
oil channel

Step-up 
gear

Oil return 

displacement 
transducer

Step-down 
gear

Computer data collection system

cooling 
system

Figure 10 Components of the test rig

Piston

Displacement
transducer

Control oil

Thrust bearing

Return spring

Separator discFriction plate

Working
oil

Figure 11 Structure of HVD in test rig

Table 2 Parameters of  structure, material, and  working 
conditions

Parameter Value

Inner radius R1 (mm) 43

Outer radius R2 (mm) 61.5

Root mean square of roughness of FP σ1 (μm) 5.975

Root mean square of roughness of SD σ2 (μm) 2.85

Fractal dimension of FP D 1.54

Scale factor of FP G 1.584 × 10−11

Coefficient of effective area ψ 0.78

Angular velocity of FP ω1 ( rad/s) 104.7

Angular velocity of SD ω2 ( rad/s) 0

Dynamic viscosity of oil µ ( Pa · s) 0.055

Peak density of the rough surface ηp  (m−2) 8.49× 107

Curvature radius of asperity peak Rp (m) 8× 10−4

Equivalent elastic modulus of FP E (GPa) 2.176

Compressive strength of FP (MPa) 110

Hardness of FP H (N/mm2) 50
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Therefore, the calculation of the shear stress and fluid 
torque by using Newton’s internal friction law is valid.

The variation of the contact area ratio with the film 
thickness ratio is shown in Figure  13. When 0 < � < 1 , 
the contact area ratio decreases sharply with the film 
thickness ratio. At this time, there is a large real contact 
area between the friction pairs, and the asperity contact 
plays a major role. When 1 < � < 3 , the contact area 
ratio decreases slowly and when � > 2 , the contact area 
is almost zero. At this juncture, the load between the fric-
tion pairs is mainly provided by the oil film.

In the mixed friction stage, the variation of the fluid 
torque with film thickness ratio is shown in Figure  14. 
When 0 < � < 2 , the fluid torque increases sharply from 
zero with the film thickness ratio. The main reason is 

that the real contact area of asperity decreases and the 
area of the oil film increases gradually. At the same time, 
the total shear stress factor of the fluid torque increases 
sharply, too. When 2 < � < 3 , the fluid torque decreases 
slowly from the maximum value. This is because the con-
tact area ratio is basically unchanged with respect to the 
film thickness ratio (Figure 13), but the total shear stress 
factor gradually decreases.

6.2  Asperity Friction Torque
Figure  15 shows the variation of the asperity friction 
torque with film thickness ratio. In the mixed friction 
stage, the torque, at first, increases slowly from zero and 
then increases sharply until it reaches a maximum value 
as the film thickness ratio decreases. The reason is that 

0 0.5 1 1.5 2 2.5 3
0

5

10

15

20
h1
h2

λ

μm
)

(
h

Th
h

Figure 12 Variation of actual oil film thickness and nominal film 
thickness with film thickness ratio

λ

ak

0 0.5 1 1.5 2 2.5 3
0

0.2

0.4

0.6

0.8

1

Figure 13 Variation of contact area ratio with film thickness ratio

λ

(N
m
)

hT
⋅

0 0.5 1 1.5 2 2.5 3
0

0.5

1

1.5

2

2.5

3

3.5

Figure 14 Variation of oil film shear torque with film thickness ratio

λ

(N
m
)

aT
⋅

0 0.5 1 1.5 2 2.5 3
0

1

2

3

4

5

6

7

8

Figure 15 Variation of asperity friction torque with film thickness 
ratio



Page 10 of 11Cui et al. Chin. J. Mech. Eng.           (2019) 32:80 

the real contact area plays a more important role in the 
asperity friction torque. A comparison with Figure  13 
shows that with the decrease in thickness of the oil film, 
the rate of increase of the asperity friction torque is lesser 
than that of the contact area ratio. This is because the 
contact frictional coefficient gradually decreases with 
decrease in the film thickness ratio and pressure.

6.3  Total Torque
The total torque can be calculated by adding the fluid 
torque and asperity friction torque. Figure  16(a) shows 
the variation of the asperity friction torque, fluid torque, 
and the total torque with the film thickness ratio in the 
mixed friction stage. Figure 16(b) shows the result in the 
test conditions. A comparison shows that the experimen-
tal results and theoretical values are consistent.

When 1.2 < � < 3 , as the real contact area of the fric-
tion pairs is small, the fluid torque accounts for a large 

proportion of the total torque, and the total torque 
increases as the film thickness ratio decreases. When 
0 < � < 1.2 , with the decrease in the film thickness ratio, 
the real asperity contact area increases. Therefore, the 
contribution of the asperity friction torque is more than 
the fluid torque, and hence, the total torque increases 
sharply.

7  Conclusions
The calculation of the torque characteristics of friction 
pairs in the mixed friction stage was carried out using the 
theoretical model as well as experimental research. The 
conclusions are as follows:

1. The friction coefficient of the friction pairs in the 
mixed friction stage was determined by using the 
MM1000-III friction and wear testing machine. The 
friction coefficient decreased sharply at first and 
then increased with a change in the relative rota-
tional speed, closely following the Stribeck curve. At 
the same time, by processing the experimental data, 
the contact frictional coefficient was obtained to cal-
culate the asperity friction torque, which gradually 
decreased with pressure between the friction pairs.

2. In the mixed friction stage, the contribution to the 
total torque was shared by the oil film shear and 
asperity friction. The contact area ratio increased 
with a decrease in the film thickness ratio. The torque 
between the friction pairs was provided by the asper-
ity friction, and the torque due to the oil film reduced 
to zero. When the thickness of the oil film was small, 
the asperity friction torque played a more impor-
tant role in contributing to the total torque, which 
increased with the decrease in the film thickness 
ratio.

3. The experimental results and theoretical values were 
consistent. Therefore, in the mixed friction stage, 
the torque of the friction pairs could be calculated 
by using the average shear stress model and asperity 
friction torque model in which the contact friction 
coefficient was taken into consideration and meas-
ured.
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