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Abstract 

Double-suction centrifugal pumps have been applied extensively in many areas, and the significance of pressure 
fluctuations inside these pumps with large power is becoming increasingly important. In this study, a double-suction 
centrifugal pump with a high-demand for vibration and noise was redesigned by increasing the flow uniformity at 
the impeller discharge, implemented by combinations of more than two parameters. First, increasing the number 
of the impeller blades was intended to enhance the bounding effect that the blades imposed on the fluid. Subse-
quently, increasing the radial gap between the impeller and volute was applied to reduce the rotor-stator interaction. 
Finally, the staggered arrangement was optimized to weaken the efficacy of the interference superposition. Based 
on numerical simulation, the steady and unsteady characteristics of the pump models were calculated. From the 
fluctuation analysis in the frequency domain, the dimensionless pressure fluctuation amplitude at the blade passing 
frequency and its harmonics, located on the monitoring points in the redesigned pumps (both with larger radial gap), 
are reduced a lot. Further, in the volute of the model with new impellers staggered at 12°, the average value for the 
dimensionless pressure fluctuation amplitude decreases to 6% of that in prototype pump. The dimensionless root-
mean-square pressure contour on the mid-span of the impeller tends to be more uniform in the redesigned models 
(both with larger radial gap); similarly, the pressure contour on the mid-section of the volute presents good uniform-
ity in these models, which in turn demonstrating a reduction in the pressure fluctuation intensity. The results reveal 
the mechanism of pressure fluctuation reduction in a double-suction centrifugal pump, and the results of this study 
could provide a reference for pressure fluctuation reduction and vibration performance reinforcement of double-
suction centrifugal pumps and other pumps.
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1 Introduction
Double-suction centrifugal pumps have been employed 
in a variety of applications, such as oil pipeline, drainage, 
irrigation and other hydraulic transportation projects. In 
these situations, their relatively high flow capacity and 
more balanced axial force have been utilized. As a par-
ticular type of vane pump, the double-suction centrifugal 

pump exhibits flow rates twice that of a single-suction 
centrifugal pump with the same impeller diameter. Addi-
tionally, because the two back-to-back impellers are 
arranged symmetrically across the shaft, the axial force 
in the double-suction centrifugal pump is well balanced 
[1]. In the present study, the double-suction centrifugal 
pump investigated is used in crude oil pipeline transport 
projects, which has a high-demand for vibration and 
noise.

In fact, the rotor-stator interaction between the rotat-
ing impeller and the stationary volute tongue is the root 
cause of the unsteady flow in centrifugal pumps. The 
unsteady flow phenomena, including secondary flow, 
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flow separation, and jet-wake flow, excites the pressure 
fluctuations, mechanical vibration and air-borne noise 
[2–7]. In terms of pressure fluctuations in conjunction 
with the pump noise, many researchers have performed 
numerous experiments and simulations. For exam-
ple, Spence et  al. [8] demonstrated that the numerical 
simulations could accurately predict the flow fluctua-
tion features at most pump locations, and subsequently 
concluded that the cutwater gap and vane arrangement 
exerted the most significant effect on pressure pulsations 
in a centrifugal pump [9]. Barrio et  al. [10] studied the 
effect of various outlet diameters on the fluid-dynamic 
pulsations in pumps. As expected, the intensity of the 
pressure fluctuation reduced as the blade-tongue gap 
increased. Yang et  al. [11, 12] performed experimental, 
numeral, and theoretical research on impeller diam-
eter influencing centrifugal pump-as-turbine, and then 
studied the effect of different numbers of blades on the 
fluid-dynamic pulsations in pumps, concluding that the 
amplitude of the pressure fluctuations reduced with the 
increasing blade number. Wang et  al. [13] compared 
single- and double-suction centrifugal pumps regard-
ing hydraulic performance; this would provide guidance 
for the design of excellent hydraulic models and multi-
stage double-suction centrifugal pumps. Pavesi et al. [14] 
highlighted that fluid-dynamical unsteadiness produced 
asymmetrical rotating pressure at the impeller outlet in 
an experimental research on flow field instability of a 
centrifugal pump. Zhao et al. [15] analyzed the effect of 
rotating stall on the unsteady flow, and pressure fluctua-
tions at part load operation. This work indicated that the 
rotating stall frequency was lower than the rotating fre-
quency, and there was a relationship between the rotat-
ing stall and the rotor–stator interaction. Stel et al. [16] 
explored the fluid flow in the first stage of a two-stage 
centrifugal pump with a vane diffuser and revealed the 
different flow behaviors of the pump at different flow 
rates and rotor speeds. Yao et  al. [17] investigated an 
adaptive optimal-kernel time-frequency representation 
based on fast Fourier transform (FFT) and revealed the 
trends of pressure fluctuations in a double-suction cen-
trifugal pump.

According to Jorge et al. [18], there exists some degree 
of modulation, which is the result of the combination of 
the perturbations induced when the blades pass by the 
volute tongue and, on the other hand, the hydraulic dis-
turbances induced by the local pressure variations near 
the vicinity of the impeller exit and the volute tongue. 
The former has a significant effect on a large part of the 
pump, whereas the latter only affect some local areas. 
These results are in agreement with that reported in Ref. 
[19–21]. As we all know, the radial gap between impel-
ler outlet and volute tongue exerts a great influence on 

the pressure fluctuation and hydraulic characteristics of 
the centrifugal pump. For a given flow rate, the pressure 
fluctuation amplitude increases when reducing the blade-
to-tongue gap [10, 22]. This can be explained in this way 
that the smaller the radial gap, the smaller rotor–stator 
distance, the less space left for the flow to adapt to the 
geometry changes, thus leading to larger pressure gra-
dients and larger stresses [10]. As stated by Spence et al. 
[8], the percentage contribution of the blade-to-tongue 
gap to the pressure variation at a location near the volute 
tongue is even up to 67% at designed flow rate. However, 
this gap cannot be infinitely large since there is usu-
ally an optimal value for the pump to achieve its highest 
efficiency [23]. Another important factor is that there is 
always a space limitation when designing a pump, where 
the infinite radial gap is unrealistic in engineering appli-
cation. Therefore, simply increasing the radial gap of the 
pump to reduce pressure fluctuation is far from enough.

From these previous investigations, conclusions can 
be drawn that several parameters such as cutwater 
gap, impeller outlet diameter, blades number, and vane 
arrangement have a significant effect on the pressure 
fluctuation of double-suction centrifugal pump. These 
papers make comparisons only with one single parame-
ter, meanwhile a more effective method based on increas-
ing the flow uniformity at the impeller discharge, which is 
implemented by combinations of more than two param-
eters, can be explored further to reduce the pressure fluc-
tuation in a double-suction centrifugal pump.

In this study, a double-suction centrifugal pump with a 
high-demand for vibration and noise is investigated. First, 
splitter blades were added in the new impeller; larger 
radial gap between the impeller outlet and the volute 
tongue was applied; and two different staggering arrange-
ments were introduced to be investigated by numerical 
simulation and experimental study. Further, the hydrau-
lic performances of the prototype and the redesigned 
pumps were validated with the experimental data. Sub-
sequently, the frequency domain of the pressure fluctua-
tion recorded at monitoring points was obtained from 
unsteady simulations. These were analyzed in detail and 
the initial flow field was extracted to reveal the mecha-
nism for the reduction in pressure fluctuations. Finally, a 
vibration experiment was conducted to verify the effects 
of the vibration and noise reduction. This is significant, as 
it provides a solid foundation for the reduction of pres-
sure fluctuations, vibration, and noise performance in 
double-suction centrifugal pumps.

2  Pump Model and Numerical Simulation Method
The pump model mainly consists of two impellers, a dou-
ble volute, and a double-suction chamber, which is shown 
in Figure  1. The fluids flow along the direction marked 
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with the two arrows (shown in the left picture). The 
prototype impellers in Figure 1 (shown in the right pic-
ture) are in a straight arrangement, and the medial hub 
of the impellers terminates midway, with a round nose 

of radius 4  mm. The impellers are an important aspect 
of the design. Therefore, only the impellers are changed, 
while the double volute and the double-suction chamber 
remain the same in the redesign process. The pump oper-
ates at the design flow rate of 3800 m3/h, with a head of 
170 m. Based on these design requirements, the impeller 
is redesigned in the following process described in Fig-
ure 2, and the detailed design parameters of the pumps 
are stated in Table 1 [24–27].

The impeller in prototype pump model #1 has six 
blades, whereas the redesigned pumps (models #2, #3, 
and #4) have seven primary blades and seven splitter 
blades. For processing convenience, the splitter blades 
are obtained from shifting the primary blades in the 

Figure 1 Prototype pump with impellers in straight arrangement

Figure 2 Redesign process of the four models: a Profile of the impellers; b Meridian surface of the impellers; c Gap between the impeller outlet 
and volute tongue; d Arrangement of the two-side impellers
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circumferential direction and cutting the leading edge. As 
mentioned previously, there is a round nose in the merid-
ian surface of model #1, and it’s the same with model #2. 
Meanwhile, in models #3 and #4, the central hub is elon-
gated to the outlet diameter of the impeller and the axial 
clearance between the two impellers is 8 mm. The impel-
ler outlet diameters in the four models (#1, #2, #3, and 
#4) are 396, 396, 390, and 390 mm, respectively; there-
fore, the radial gaps between the impeller discharge and 
the volute tongue are 8, 8, 11, and 11 mm, respectively. In 
models #1 and #2 the impellers are in a straight arrange-
ment, in model #3 the impellers are staggered with no 
angle, while in model #4 there is a 12° staggering angle in 
the two-side impellers [28].

The computational domain and the grid of the pump 
using the redesigned impeller is shown in Figure 3, which 
incorporates the double-suction chamber, impellers 
(models #4), double volute, and the extension tubes at 
the inlet and outlet locations. Hexahedral structured cells 
were applied to the inlet and outlet extension tubes using 
the mesh generation tool ICEM CFD, while the double-
suction chamber, volute, and the impellers were meshed 
in the form of unstructured tetrahedral cells.

The simulation for three-dimensional incompressible 
flow inside the pump under both steady and unsteady 
processes was performed in the commercial CFD code 
ANSYS FLUENT 14.5. The Reynolds-averaged Navier-
Stokes equations (RANS) were resolved by the Realiz-
able k-ε model, as well as the standard wall functions. 
The SIMPLEC algorithm was chosen to match with 
the pressure-velocity coupling of the solver, while the 

second-order upwind scheme was used for the momen-
tum, turbulence kinetic energy, and turbulence dis-
sipation rate terms. In the calculation, the residual for 

Table 1 Essential parameters of the pump

Parameter Value

Model #1 Model #2 Model #3 Model #4

Rotational speed n (r/min) 2980

Design flow rate Qd  (m3/h) 3800

Design head Hd (m) 170

Specific speed ns 168

Impeller inlet diameter Din (mm) 151.3

Impeller hub diameter Dhub (mm) 122

Impeller shroud diameter Dshr (mm) 273.3

Impeller outlet diameter D2 (mm) 396 396 390 390

Width of each impeller exit b2 (mm) 56.8

Number of blades Zb 6 7 + 7 7 + 7 7 + 7

Volute inlet width b3 (mm) 178

Volute tongue diameter D3 (mm) 412

Radial gap between impeller outlet and volute 
tongue G (mm)

8 8 11 11

Staggered angle between impellers of the two sides 
θ (°)

0 0 0 12

Figure 3 Computational domain and grid of the pump with splitter 
blades
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continuity and momentum equations, turbulence kinetic 
energy (k) and dissipation rate (ε) was set to a magni-
tude below  10−5. The multiple reference frame approach 
(MRF, also called frozen rotor approach) was employed 
in the study, and the frame motion was exerted on the 
impeller to simulate the impeller’s rotating motion. The 
remaining components of pump model were set as the 
stationary zones, and the data transmission among differ-
ent zones was implemented by interfaces between adja-
cent zones.

With regard to the steady calculation, the velocity 
inlet and the pressure outlet were considered separately 
as the boundaries of the inlet and the outlet. Addition-
ally, the simulation results of the steady calculation were 
assumed as the original conditions of the unsteady cal-
culation to obtain a satisfactory convergence. The sliding 
mesh scheme was conducted for the unsteady calcula-
tion [29]. The time step for the unsteady simulation was 
5.5928×10−5 s, which was equivalent to 1° of impeller 
rotation.

The dimensionless pressure/head coefficient ψ and the 
flow coefficient φ [30, 31] are respectively defined in Eq. 
(1) and Eq. (2):

where �ptot is the total pressure difference between the 
inlet and outlet, Pa ; ua is the outer circumferential veloc-
ity of the impeller, m/s ; da is the outer diameter of the 
impeller, m.

For unsteady simulation, the dimensionless pressure 
fluctuation amplitude p∗

A
 is defined in Eq. (3): 

The results of mesh independent verification (includ-
ing the steady and unsteady simulation verification) with 
model #4 at design flow rate are shown in Figure 4. The 
head coefficient and hydraulic efficiency were calculated 
from the steady numerical simulation, while the dimen-
sionless pressure fluctuation amplitude at blade passing 
frequency (BPF) on two given monitoring points (V1 and 
V4, see Section  4.1) were calculated from the unsteady 
numerical simulation. The discrepancy of the pressure 
coefficient between 5.63 million grids and 13.76 million 
grids is only 0.3%, and the discrepancy of the efficient is 
only 0.26%, which is small enough. Additionally, the vari-
ation of the dimensionless pressure fluctuation amplitude 

(1)ψ=

�ptot

0.5 · ρ · u2a

(2)φ =

4 · Q

π · d2a · ua
, ua = π · n · da,

(3)p∗A=
pA

0.5 · ρ · u2a
,

is less than 5%. Therefore, the grid number is ensured to 
be larger than 5.63 million for the following steady and 
unsteady simulations. Moreover, the y+ near the bound-
ary wall in the following calculations is ensured to be 
within a reasonable range of 30‒200.

3  Performance Experimental Verification
For each of these geometric models, the performance at 
different flow rates was obtained from steady CFD sim-
ulations, where the flow rates matched the design flow 
rate at percentages of 50, 60, 80, 100, 120, and 140. To 
verify the numerical simulation results, an experiment 
was conducted for comparison with the CFD values. 
The schematic diagram of the test bench for the pump 
was illustrated in Figure 5. The auxiliary pump was used 
to transport water from the underground water tank to 

Figure 4 Results of mesh independent verification

Figure 5 Schematic diagram of the test bench for the pump
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the test pump and form a complete water circulation. 
The tested pump was driven by a variable frequency 
AC-motor, between which was a torque transducer to 
measure the rotating speed and shaft torque. The inlet 
and outlet pressure transducers were respectively placed 
in the inlet and outlet pipe to obtain the inlet and out-
let pressure values. A magnetic flow meter was mounted 
in the discharge pipe to measure the flow rate, which 
was regulated through the regulating valve located on 
the outlet pipe. The parameters at design flow condition 
could be calculated from measured parameters through 
similar conversion, as shown in Eq. (4). The accuracy 
of each instrument and the errors for these calculated 
parameters were described in Table 2.

where Pi,Po are the inlet and outlet pressure, MPa ; 
ne is the measured rotating speed, r/min; He,H are the 
head at ne, n rotating speed, m ; Qe,Q are the flow rate at 
ne, n rotating speed, m3/h ; Me are the torque at ne rotat-
ing speed, kW ; Pe,P are the shaft power at ne, n rotating 
speed, kW ; and η is the efficiency.

Figure 6 displays a comparison of the simulated results 
(0.5Qd-1.2Qd) with the experimental data for model #4. 
The head coefficient at design flow rate in model #4 is 
0.145. Figure 6a shows the comparison in the head coef-
ficient. The experimental data are larger than the CFD 
results, but all the differences are within 10%. The higher 
experimental head is probably attributable to minor 
fluctuations of the motor within the running process. 
Further, the deviation at small flow rates may be caused 
by the flow condition that tends to be worse, along with 
factors such as the secondary flow, vortex, and flow 

(4)
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separation. Here, the CFD simulation cannot restore the 
real flow field completely. Figure 6b displays an efficiency 
comparison, and reasonable agreement is found with 
a discrepancy of less than 5%. In summary, the numeri-
cal simulation achieved a reasonable agreement with the 
experimental data, and the CFD results could be utilized 
for further investigations.

Figure  7 demonstrates the performance curves of dif-
ferent models obtained from steady CFD calculations 
(0.6Qd‒1.4Qd). As shown in Figure  7a, the head coef-
ficient in the four models decreases as the flow rate 
increases. Additionally, due to the splitter blades increas-
ing the work capability of the pump, the head coefficient 
in the redesigned pumps is higher than that in proto-
type pump across the flow range. Figure  7b compares 
the hydraulic efficiencies of the four models. In the four 
models, the efficiency increases first and then declines as 

Table 2 Accuracy of  each instrument and  errors for  these 
calculated parameters

Accuracy 
(%)

Pressure 
transducers 
at inlet 
and outlet

Magnetic 
flow 
meter

Rotational 
speed 
meter

Torque meter

± 0.1 ± 1.5 ± 0.1 ± 0.1

Error (%) H Q P η

± 0.3 ± 1.6 ± 0.5 ± 2.4

Figure 6 Comparison of the simulated results with the experimental 
data for model #4: a Dimensionless head coefficient; b Efficiency 
curve
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the flow rate decreases. At design flow rate, the efficien-
cies of models #3 and #4 are slightly higher than that of 
the prototype pump, while in model #2 the efficiency is 
the lowest. This can be explained in Section 4.3.

The following contents in this paper always refer to the 
results at design flow rate.

4  Results and Analysis on Pressure Fluctuation
4.1  Locations of Monitoring Points
A series of pressure monitoring points, as depicted in 
Figure 8, were distributed at different positions across the 
impeller and the volute to obtain the pressure fluctuation 
of the internal flow field. Points P1–P8, with an adjacent 
interval angle of 45° in the circumferential direction, were 
selected from the middle plane of the impeller. In the 
radial direction, these points were located in a circle with 
a diameter 4 mm larger than the impeller outlet diam-
eter; among these, points P1 and P5 were arranged near 

the tongue. In the volute, points V1–V8 were positioned 
in a circle of 410 mm in diameter at the center plane, and 
the circumferential angular difference between the two 
adjacent points was 45°. Further, points V1 and V5 were 
located near the tongue. Additionally, the diameter of the 
interface between the rotating and stationary reference 
frames was 404 mm.

For unsteady numerical simulations, 10 revolutions of 
the impeller (10T = 0.20134 s, T is the rotating period), 
was regarded as the total calculation time, which was suf-
ficient for the unsteady calculation to reach a relatively 
stable condition. For the convenience of comparisons, 
only four points for each model (P1, P3, P5, and P7 in 
the impeller, V1, V3, V5, and V7 in the volute), are listed 
herein, as the remaining points presented similar trends.

4.2  Pressure Fluctuation Results
Figure  9 demonstrates the frequency and time domains 
of the pressure fluctuation on the monitoring points in 
the impeller for the four models. For the accuracy and 
reliability of the unsteady simulation, the results of the 
last four rotations of the 10 revolutions in the unsteady 
simulation were extracted to perform spectral analysis.

The dimensionless pressure p∗ ™ is defined in Eq. (5): 

 where p is the static pressure, Pa.
As shown in Figure 9, the dominant frequencies in the 

impeller of model #1 are the primary BPF (298 Hz, which 
is six times the rotating frequency of the shaft, 6fn) and 
its harmonics. However, in models #2, #3 and #4, the 
predominant frequencies in the spectrum are the pri-
mary BPF (347.7 Hz, 7fn) and its harmonics. From the 
time domain, it is apparent to recognize that, during each 

(5)p∗=
p

0.5 · ρ · u2a
,

Figure 7 Performance curves of the simulated results for the four 
models: a Head coefficient curves; b Efficiency curves

Figure 8 Locations of monitoring points in the impeller and volute
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Figure 9 Frequency and time domains of the pressure fluctuation in the impeller: a on monitoring point P1; b on monitoring point P3; c on 
monitoring point P5; d on monitoring point P7
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Figure 9 continued
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Figure 10 Frequency and time domains of the pressure fluctuation in the volute: a on monitoring point V1; b on monitoring point V3; c on 
monitoring point V5; (d) on monitoring point V7
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Figure 10 continued
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impeller rotation, there are 6 peaks and troughs in model 
#1, and 14 peaks and troughs in models #2, #3 and #4. 
Further, it is noteworthy that the dimensionless pres-
sure fluctuation amplitude at dominant frequencies and 
the range of the pressure fluctuation at time domain in 
models #3 and #4 are lower than that in model #1 and 
#2. Additionally, as the impeller rotates, the pressure 
between points P1 and P5, and between points P3 and 
P7 exhibits the similar variation tendency. This is related 
to their positions, where points P1 and P5 are near the 
volute tongues, while points P3 and P7 are in the middle 
of the two volute tongues.

Figure  10 presents the frequency and time domains 
of the pressure fluctuation on the monitoring points in 
the volute for the four models. Similarly, the dominant 
frequencies of the pressure on the monitoring points 
in the volute contained 6fn and its harmonics in model 
#1, and 7fn and its harmonics in models #2, #3 and #4. 
At the time domain, there are also 6 peaks and troughs 
in model #1, and 14 peaks and troughs in models #2, 
#3 and #4. It can be seen that the dimensionless pres-
sure fluctuation amplitude at dominant frequencies and 
the range of the pressure fluctuation at time domain 
in models #3 and #4 are lower than that in models #1 
and #2. Additionally, a similar variation tendency of the 
pressure amplitude curves between points V1 and V5, 
and between points V3 and V7 was found in the volute, 
but the magnitude was lower than that in the impeller; 
thus, the level of pressure fluctuation in the volute is 
reduced.

4.3  Mechanism of Pressure Fluctuation Reduction
The root-mean-square (RMS) value [22] of pressure is 
introduced to indicate the pressure fluctuation intensity 
in the flow field. It is defined by

where N  is the number of time steps in one impeller rev-
olution, i means the ith time step, and p(x, y, z, ti) is the 
static pressure in location (x, y, z) at the ith time step.

For the convenience of comparison, the RMS pressure 
is weighted by 0.5 · ρ · u2a as shown in the Eq. (7):

As the BPF is crucial in the frequency spectrum, the 
pressure fluctuation amplitudes at 1 and 2 times the pri-
mary BPF are added to obtain the pressure fluctuation 
characteristics associated with the BPF [32]. Figure  11 
compares the characteristics of the average pressure 

(6)pRMS =

√

√

√

√

N
∑

i=1

(

p(x, y, z, ti)
)2

/

N ,

(7)p∗RMS =
pRMS

0.5 · ρ · u2a
.

Figure 11 Average of the dimensionless pressure fluctuation 
amplitude in the four models: a on monitoring points P1‒P8 in the 
impeller; b on monitoring points V1‒V8 in the volute

Figure 12 Contour of the dimensionless RMS pressure on the 
middle surface of the impeller for the four models: a model #1; b 
model #2; c model #3; d model #4
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fluctuation amplitude on monitoring points P1–P8 in 
the impeller and monitoring points V1–V8 in the volute 
for all four models. In model #1, the black column repre-
sents the average amplitude at the frequency of 6fn, the 
red column represents that at the frequency of 12fn, while 
in models #2, #3 and #4, the black column represents the 
average amplitude at the frequency of 7fn, the red column 
represents that at the frequency of 14fn.

It is clear that the amplitudes at the frequency of 14fn 
in model #2 are extremely high both in the impeller and 
volute. However, the amplitudes of models #3 and #4 
are reduced significantly in the impeller and volute. In 
the volute of model #4, the average value is only 6.4% of 
that in model #1. This effect is attributed to the pressure 
contour on the middle surface of the impeller in model 
#2 that became worse at TE tip, and in models #3 and #4 
that became relatively uniform, as shown in Figure 12. In 
model #2, the RMS pressure was generally at high level 
across the flow channel of the impeller, which presented 
strong fluctuation property. Additionally, the wake-jet 
structure identified at TE tip excited the fluctuation in 
the pressure field at the impeller outlet; thus acted as the 
source of the fluctuation and created frequencies cor-
responding to the BPF. In model #1, the zone at the first 
20% of the blade was occupied by a large low-pressure 
zone (marked with a circle in Figure 12), and there was 
a pressure non-uniformity zone at the pressure surface 
near the rear part of the blade (marked with a square 
in Figure 12). However, in models #3 and #4, a well-dis-
tributed pressure in the whole blade channel improved 
flow uniformity, and reduced the level of pressure fluc-
tuations; therefore, the pressure fluctuation was reduced. 
As shown in Figure 12, the dimensionless RMS pressure 
contour was at relatively high level in the redesigned 
impellers with splitter blades, especially in model #2, 
which was the reason for the increased head in Figure 7a. 
Meanwhile, the non-uniform pressure distribution along 
the impeller outlet in model #2 was one of the causes of 
the lower efficiency in Figure 7b.

In the impeller, the magnitude in models #3 and #4 
is almost the same, as shown in Figure  11a. However, 
in the volute, Figure  11b shows that the magnitude in 
model #4 is lower than in model #3. First, in models #3 
and #4, each impeller is exactly the same; therefore, the 
pressure contours in the impellers almost exhibit no dif-
ference, as shown in Figure 12. Hence, the pressure fluc-
tuation amplitudes in the impellers of models #3 and #4 
are almost equal. Next, seven primary blades, and seven 
splitter blades were in the redesigned impeller; when the 
impeller rotates, these blades interact with the stationary 

volute tongue. Nevertheless, in model #3, the impellers 
are arranged straight, therefore the blades of the two 
sides interact with the volute simultaneously, thereby 
enhancing the efficacy of the interference superposi-
tion [33]. The impellers in model #4 are in a staggered 
arrangement with a 12° angle, where the blade of one 
side is located nearly on the middle of the two blades of 
the other side, thus avoiding the superposition. This can 
explain the lower amplitude in model #4 compared with 
model #3 in the volute.

As can be seen in Figure 12, the pressure contour of the 
blade passage between two adjacent blades in model #1 
was smooth near the blades, but in the middle area, the 
contour line became twisted and deformed. This phe-
nomenon was worsened as approaching the impeller 
discharge; therefore, the flow uniformity along the flow 
path was unsatisfactory, resulting in the serious pressure 
fluctuation of the pump. After adding splitter blades in 
model #2, the fluid was well bounded by the increased 
blades, which was similar with the effect of infinite blade 
number on improving the flow field; hence, the pressure 
distribution in each blade passage became more uni-
form. Likewise, the multi-blade effect on flow uniform-
ity existed in models #3 and #4. But unfortunately, the 
influence of the limited radial gap between impeller out-
let and volute tongue in model #2, namely the wake-jet 
structure at the TE tip, prevailed against the multi-blade 
influence, increasing the bounding effect that the blades 
imposed on the fluid; thereby a less unsatisfactory result 
was obtained in model #2.

For a clear comparison, the dimensionless RMS pres-
sure at a circle of 4 mm far from the impeller outlet diam-
eter in the impeller and a circle with a diameter of 410 
mm in the volute for the four models was depicted in 
Figure 13. As shown in Figure 13a, there was a pressure 
fluctuation during the following angular displacement 
after passing each blade; what came with it was a local 
maximum and minimum, which was the source of the 
BPF and its harmonics in frequency domain. In models 
#1 and #2, the RMS pressure varied in a large scope, and 
the larger difference between the maximum and mini-
mum represented the intense pressure fluctuation and 
the less uniform pressure distribution. Nevertheless, in 
models #3 and #4, the dimensionless RMS pressure kept 
a stable level with minor pressure distribution, leading 
to a more uniform flow distribution at the impeller out-
let. This was consistent with the results in Figures 11, 12, 
and could explain the dominant frequency characteristics 
in Figure 9. Figure 13b shows that the magnitude of the 
dimensionless RMS pressure in the volute is lower than 
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Figure 13 Dimensionless RMS pressure for the four models: a at a circle of 4 mm far from the impeller outlet diameter in the impeller; b at a circle 
with a diameter of 410 mm in the volute
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that in the impeller and the obvious peaks almost disap-
pear. As the unsteady flow field at the impeller outlet is 
approaching the volute, it induces complex fields in the 
volute, which in turn, interacts with that in the impeller. 
If the flow at the impeller outlet is steady and uniform, 
the interaction between the impeller and the volute 
would be decreased, and the pressure fluctuations and 
excitation forces would be reduced greatly. The pressure 
at the impeller outlet in models #3 and #4 is in a relatively 
stable level than that in models #1 and #2, thus a reduced 
pressure fluctuation and a uniform pressure distribution 
along the volute are plotted in models #3 and #4.

Figure  14 shows the dimensionless RMS pressure on 
the middle surface of the volute for the four models. It 
is clear that the RMS distribution is characterized by 
a pattern with a local maximum and minimum [20]. As 
the RMS distribution is independent of the relative posi-
tions of the impeller and volute, the blade profile is added 
to reveal the distance of the adjacent blades. In model 
#1, this modulation effect is intensive and the circum-
ferential distribution of the RMS between the impeller 
discharge and volute tongue is uneven. As illustrated in 
Figure 14a, the pressure waves travel through the volute 
channel until meeting the wall, and a large zone influ-
enced by this interaction turns up in the travelling path 
(marked with squares). After adding the splitter blades, 
the area of the influenced zones is narrowed in model #2 
(marked with circles). However, because of the increas-
ing blade number, the modulation effect is more inten-
sive and the highly uneven pressure variation districts 

exist near every blade. This can explain why the RMS 
pressure curve in Figure  13b is fluctuating and why the 
local peak values appear periodically. Owing to the new 
impeller with larger radial gap between the impeller dis-
charge and the volute tongue, the difference between the 
local maximum and minimum in model #3 is lower and 
the pressure distribution along the impeller outlet tends 
to be well distributed. In model #4, the staggered impel-
lers relieved the interaction effect [34, 35], the intensive 
modulated zone nearly disappeared, and the flow became 
more uniform in the flow field.

4.4  Vibration Experimental Results
To verify the unsteady characteristics of the pump, vibra-
tion experiments for models #1 and #4 were conducted 

Figure 14 Contour of the dimensionless RMS pressure on the middle surface of the volute for the four models

Figure 15 Location of vibration monitoring point “outlet”
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at the design flow rate of 3800 m3/h and a rotating speed 
of 2980 r/min. Vibration acceleration sensors were placed 
at different positions, thus the real-time signal could be 
obtained to extract the frequency spectrum through FFT. 
The vibration experiment was first performed with model 
#1 and the sampling rate was set to 40960 Hz. However, 
the low frequencies were of concern in this vibration 
experiment and according to the sampling theorem [36], 
a sampling rate of 20480 Hz was sufficient to capture the 
valid information regarding pump vibrations. Therefore, 
in the vibration experiment with model #4, 20480 Hz was 
chosen as the sampling rate, which would not affect the 
FFT.

The vibration monitoring point “outlet” was intended 
to measure the vibration acceleration in the horizontal 
direction at the outlet of the volute, which is marked in 

two circles in Figure 15. The FFT results were selected in 
Figure 16 to show the unsteady pressure fluctuation fea-
tures. The vertical axis in Figure 16 is the vibration accel-
eration level with a reference acceleration of 1×10−6 m/
s2.

As mentioned above, the original pump was denoted 
as model #1, and the best pressure fluctuation perfor-
mance was found in model #4. Hence, these two pump 
models were experimented to make comparisons of 
the vibration characteristic. As shown in Figure  16, 
it’s obvious that a peak appears at BPF (299.2  Hz) in 
the spectrum of model #1; in model #4, the peak value 
at BPF (349.1  Hz) is not so clear. Owing to the minor 
fluctuation of the rotational speed, the experimental 
BPF (299.2 Hz and 349.1 Hz) are slightly away from the 
numerical results (298 Hz and 347.7 Hz). Additionally, 
the overall amplitude in model #4 is lower and the dis-
tribution of the vibration acceleration level across the 
whole frequency range is more uniform. Therefore, 
the reduced amplitude and well-distributed frequency 
spectrum of model #4 could qualitatively demonstrate 
the reduction effects of pressure fluctuation in model 
#4, as well as the vibration and noise.

5  Conclusions

1. In this study, new impellers were designed to 
improve the performance of the prototype pump, 
and unsteady numerical simulations on the pressure 
fluctuation were performed. Further, the hydraulic 
and vibration experiments were conducted to con-
firm the characteristics of these pumps.

2. The hydraulic performance of the redesigned impel-
ler with multi-blades in model #4 achieved reason-
able agreement with the experiment both in the 
head coefficient and efficiency. The head coefficient 
in the redesigned pumps is higher than that in pro-
totype pump across the whole flow range; at design 
flow rate, the efficiencies of models #3 and #4 are 
slightly higher than that in model #1, and the effi-
ciency in model #2 is the lowest. The pressure 
change and flow uniformity inside the pumps could 
be evaluated quantitatively and accurately through 
the pressure fluctuation analysis in the time and fre-
quency domains. The pressure distribution tended 
to be more uniform and the pressure fluctuation was 
improved well when the impeller of each side had a 
staggered angle of 12°. The vibration experiment fur-
ther reflected the effects of the vibration and noise 
reduction for the prototype pump.

3. The design approach of increasing the flow uni-
formity at the impeller outlet, such as combina-

Figure 16 Spectrum of vibration acceleration level in the horizontal 
direction at the monitoring point: a model #1; b model #4
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tion of multi-blades, larger radial gap and stagger-
ing arrangements, facilitated a reduction in pressure 
fluctuations inside the double-suction centrifugal 
pump, and could be applicable to other multi-blade 
fluid machinery.

Acknowledgements
The authors sincerely thanks to Ningbo Rocket Automobile Rocket Parts Co., 
Ltd for their critical support in the experiment test.

Authors’ contributions
SL and PW were in charge of the design optimization; BH and DW assisted 
with the experiments and the results analyses; QL performed the performance 
and vibration experiments of the pump models, and was a major contributor 
in writing the manuscript. All authors read and approved the final manuscript.

Authors’ Information
Qianqian Li, born in 1994, is currently a PhD candidate at College of Energy 
Engineering, Zhejiang University, China. She received her bachelor degree from 
China University of Petroleum, China, in 2016. Her research interests include 
design and optimization of centrifugal pumps and regenerative pumps.

Shiyang Li, born in 1990, is currently an engineer at Zhejiang Zhixin Technol-
ogy Co., Ltd., China. He received his PhD degree on pumps and valves from 
Zhejiang University, China, in 2018.

Peng Wu, born in 1986, is currently an associate researcher at College of Energy 
Engineering, Zhejiang University, China.

Bin Huang, born in 1985, is currently an associate professor at Ocean College, 
Zhejiang University, China.

Dazhuan Wu, born in 1977, is currently a professor at College of Energy Engi-
neering, Zhejiang University, China.

Funding
Supported by National Natural Science Foundation of China (Grant Nos. 
52076186, 51839010).

Competing Interests
The authors declare no competing financial interests.

Author Details
1 College of Energy Engineering, Zhejiang University, Hangzhou 310058, 
China. 2 Zhejiang Zhixin Technology Co., Ltd, Shaoxing 312000, China. 3 Ocean 
College, Zhejiang University, Zhoushan 310021, China. 4 The State Key Labora-
tory of Fluid Power Transmission and Control, Hangzhou 310058, China. 

Received: 7 July 2019   Revised: 3 November 2020   Accepted: 10 November 
2020

References
 [1] W Dong, C L Wu. Analysis of flow characteristics and disc friction loss 

in balance cavity of centrifugal pump impeller. Transactions of the 
Chinese Society for Agricultural Machinery, 2016, 47(4): 29–35. https ://doi.
org/10.6041/j.issn.1000-1298.2016.04.005. (in Chinese).

 [2] S Melzer, A Pesch, S Schepeler, et al. Three-dimensional simulation 
of highly unsteady and isothermal flow in centrifugal pumps for the 
local loss analysis including a wall function for entropy eroduction. 
ASME Journal of Fluids Engineering, 2020, 142(11): 111209. https ://doi.
org/10.1115/1.40479 67.

 [3] A Posa, A Lippolis, E Balaras. Investigation of separation phenom-
ena in a radial pump at reduced flow rate by large-eddy simulation. 
ASME Journal of Fluids Engineering, 2016, 138(12): 121101. https ://doi.
org/10.1115/1.40338 43.

 [4] H S Shim, K Y Kim. Relationship between flow instability and performance 
of a centrifugal pump with a volute. ASME Journal of Fluids Engineering, 
2020, 142(11): 111208. https ://doi.org/10.1115/1.40478 05.

 [5] Z Y Yang, Z R Liu, Y G Cheng, et al. Differences of flow patterns 
and pressure pulsations in four prototype pump-turbines during 
runaway transient processes. Energies, 2020, 13(20): 5269. https ://doi.
org/10.1115/1.40338 43.

 [6] X J Li, Z C Zhu, Y Li, et al. Investigation of pressure pulsations and flow 
instabilities in a centrifugal pump at part-load conditions. International 
Journal of Fluid Machinery & Systems, 2017, 10(4): 355–362. https ://doi.
org/10.1177/09576 50916 66332 6.

 [7] X J Li, Z C Zhu, Y Li, et al. Experimental and numerical investigations of 
head-flow curve instability of a single-stage centrifugal pump with volute 
casing. Advances in Mechanical Engineering, 2016, 230(7): 633–647. https ://
doi.org/10.1177/09576 50916 66332 6.

 [8] R Spence, J Amaral-Teixeira. Investigation into pressure pulsations in a 
centrifugal pump using numerical methods supported by industrial tests. 
Computers & Fluids, 2008, 37(6): 690–704. https ://doi.org/10.1016/j.compf 
luid.2007.10.001.

 [9] R Spence, J Amaral-Teixeira. A CFD parametric study of geometrical vari-
ations on the pressure pulsations and performance characteristics of a 
centrifugal pump. Computers & Fluids, 2009, 38(6):1243–1257. https ://doi.
org/10.1016/j.compfl uid.2008.11.013.

 [10] R Barrio, E Blanco, J Parrondo, et al. The effect of impeller cutback on the 
fluid-dynamic pulsations and load at the blade-passing. ASME Journal of 
Fluids Engineering, 2008, 103(11): 2–11. https ://doi.org/10.1115/1.29692 
73.

 [11] S S Yang, H L Liu, F Y Kong, et al. Experimental, numerical, and theoreti-
cal research on impeller diameter influencing centrifugal pump-as-
turbine. Journal of Energy Engineering, 2013, 139(4): 299–307. https ://doi.
org/10.1061/(ASCE)EY.1943-7897.00001 28.

 [12] S S Yang, F Y Kong, X Y Qu, et al. Influence of blade number on the 
performance and pressure pulsations in a pump used as a turbine. 
ASME Journal of Fluids Engineering, 2012, 134(12): 1–10. https ://doi.
org/10.1115/1.40078 10.

 [13] C Y Wang, F J Wang, Z C Zou. Comparative study on hydraulic per-
formance of single-suction centrifugal pump and double-suction 
centrifugal pump. ASME 2017 Fluids Engineering Division Summer Meeting, 
Waikoloa, Hawaii, USA, July 30–August 3, 2017. https ://doi.org/10.1115/
FEDSM 2017-69142 .

 [14] G Pavesi, G Cavazzini, G Ardizzon. Time–frequency characterization of the 
unsteady phenomena in a centrifugal pump. International Journal of Heat 
and Fluid Flow, 2008, 29(5): 1527–1540. https ://doi.org/10.1016/j.ijhea tflui 
dflow .2008.06.008.

 [15] X R Zhao, Y X Xiao, Z W Wang, et al. Unsteady flow and pressure pulsa-
tion characteristics analysis of rotating stall in centrifugal pumps under 
off-design conditions. ASME Journal of Fluids Engineering, 2018, 140(2): 
021105. https ://doi.org/10.1115/1.40379 73.

 [16] H Stel, G D L Amaral, C O R Negrao, et al. Numerical analysis of the fluid 
flow in the first stage of a two-stage centrifugal pump with a vaned dif-
fuser. ASME Journal of Fluids Engineering, 2013, 135(7): 071104. https ://doi.
org/10.1115/1.40239 56.

 [17] Z F Yao, F J Wang, L X Qu, et al. Experimental investigation of time-
frequency characteristics of pressure fluctuations in a double-suction 
centrifugal pump. ASME Journal of Fluids Engineering, 2011, 133(10): 1–10. 
https ://doi.org/10.1115/1.40049 59.

 [18] P G Jorge, G P Jose, F F Joaaquı´n. The effect of the operating point on 
the pressure fluctuations at the blade passage frequency in the volute 
of a centrifugal pump. ASME Journal of Fluids Engineering, 2002, 124(3): 
784–790. https ://doi.org/10.1115/1.14938 14.

 [19] P Yan., N Chu, D Z Wu, et al. Computational fluid dynamics-based pump 
redesign to improve efficiency and decrease unsteady radial forces. 
ASME Journal of Fluids Engineering, 2016, 139(1): 1–11. https ://doi.
org/10.1115/1.40343 65.

 [20] R Barrio, J Fernández, E Blanco, et al. Estimation of radial load in cen-
trifugal pumps using computational fluid dynamics. European Journal of 
Mechanics- B/Fluids, 2011, 30(3): 316–324. https ://doi.org/10.1016/j.eurom 
echfl u.2011.01.002.

 [21] Y Tao, S Q Yuan, J R Liu, et al. Influence of cross-sectional flow area of 
annular volute casing on transient characteristics of ceramic centrifugal 

https://doi.org/10.6041/j.issn.1000-1298.2016.04.005
https://doi.org/10.6041/j.issn.1000-1298.2016.04.005
https://doi.org/10.1115/1.4047967
https://doi.org/10.1115/1.4047967
https://doi.org/10.1115/1.4033843
https://doi.org/10.1115/1.4033843
https://doi.org/10.1115/1.4047805
https://doi.org/10.1115/1.4033843
https://doi.org/10.1115/1.4033843
https://doi.org/10.1177/0957650916663326
https://doi.org/10.1177/0957650916663326
https://doi.org/10.1177/0957650916663326
https://doi.org/10.1177/0957650916663326
https://doi.org/10.1016/j.compfluid.2007.10.001
https://doi.org/10.1016/j.compfluid.2007.10.001
https://doi.org/10.1016/j.compfluid.2008.11.013
https://doi.org/10.1016/j.compfluid.2008.11.013
https://doi.org/10.1115/1.2969273
https://doi.org/10.1115/1.2969273
https://doi.org/10.1061/(ASCE)EY.1943-7897.0000128
https://doi.org/10.1061/(ASCE)EY.1943-7897.0000128
https://doi.org/10.1115/1.4007810
https://doi.org/10.1115/1.4007810
https://doi.org/10.1115/FEDSM2017-69142
https://doi.org/10.1115/FEDSM2017-69142
https://doi.org/10.1016/j.ijheatfluidflow.2008.06.008.
https://doi.org/10.1016/j.ijheatfluidflow.2008.06.008.
https://doi.org/10.1115/1.4037973
https://doi.org/10.1115/1.4023956
https://doi.org/10.1115/1.4023956
https://doi.org/10.1115/1.4004959
https://doi.org/10.1115/1.1493814
https://doi.org/10.1115/1.4034365
https://doi.org/10.1115/1.4034365
https://doi.org/10.1016/j.euromechflu.2011.01.002
https://doi.org/10.1016/j.euromechflu.2011.01.002


Page 18 of 18Li et al. Chin. J. Mech. Eng.           (2021) 34:12 

pump. Chinese Journal of Mechanical Engineering, 2019, 32(4): 1–13. https 
://doi.org/10.1186/s1003 3-019-0319-9.

 [22] G T Zeng, Q Q Li, P Wu, et al. Investigation of the impact of splitter blades 
on a low specific speed pump for fluid-induced vibration. Journal of 
Mechanical Science and Technology, 2020, 34(7): 2883–2893. https ://doi.
org/10.1007/s1220 6-020-0620-7.

 [23] S S Yang, H L Liu, F Y Kong, et al. Effects of the radial gap between impel-
ler tips and volute tongue influencing the performance and pressure 
pulsations of pump as turbine. ASME Journal of Fluids Engineering, 2014, 
136(5): 054501. https ://doi.org/10.1115/1.40265 44.

 [24] J Pei, W J Wang, S Q Yuan. Multi-point optimization on meridional shape 
of a centrifugal pump impeller for performance improvement. Chinese 
Journal of Mechanical Science and Technology, 2016, 29(11): 4949–4960. 
https ://doi.org/10.1007/s1220 6-016-1015-7.

 [25] Y M Lu, X F Wang, W Wang, et al. Application of the modified inverse 
design method in the optimization of the runner blade of a mixed-flow 
pump. Chinese Journal of Mechanical Engineering, 2018, 31: 105. https ://
doi.org/10.1186/s1003 3-018-0302-x.

 [26] B Qian, P Wu, B Huang, et al. Optimization of a centrifugal impeller 
on blade thickness distribution to reduce hydro-induced vibration. 
ASME Journal of Fluids Engineering, 2020, 142(2): 021202. https ://doi.
org/10.1115/1.40449 65.

 [27] B Qian, J P Chen, P Wu, et al. Study on the influence of centrifugal pump 
inlet flow field instability and methods of adjustment. Proceedings of the 
ASME-JSME-KSME 2019 8th Joint Fluids Engineering Conference. Volume 3B: 
Fluid Applications and Systems, San Francisco, California, USA, July 28–
August 1, 2019. https ://doi.org/10.1115/AJKFl uids2 019-4687.

 [28] D C Fu, F J Wang, P J Zhou, et al. Impact of impeller stagger angles on 
pressure fluctuation for a double-suction centrifugal pump. Chinese 
Journal of Mechanical Engineering, 2018, 31: 10. https ://doi.org/10.1186/
s1003 3-018-0203-z.

 [29] C Y Wang, F J Wang. Shape and position of sliding interface for transient 
flow simulation of centrifugal pump. Transactions of the Chinese Society 
for Agricultural Machinery, 2017, 49(1): 81–88. https ://doi.org/10.6041/j.
issn.1000-1298.2017.01.011. (in Chinese).

 [30] Q Q Li, G S Zhao, C S Wu, et al. Investigation on the energy exchange 
characteristics of the regenerative flow pump in an automobile fuel 
system. ASME Journal of Fluids Engineering, 2020, 142(11): 111206. https ://
doi.org/10.1115/1.40478 03.

 [31] Y F Wang, F Zhang, S Q Yuan, et al. Effect of URANS and hybrid RANS-
large eddy simulation turbulence models on unsteady turbulent flows 
inside a side channel pump. ASME Journal of Fluids Engineering, 2020, 
142(6): 061503. https ://doi.org/10.1115/1.40459 95.

 [32] C L Xie, F P Tang, R T Zhang, et al. Numerical calculation of axial-flow 
pump’s pressure fluctuation and model test analysis. Advances in 
Mechanical Engineering, 2018, 10(4): 1–13. https ://doi.org/10.1177/16878 
14018 76977 5.

 [33] Y Song, H G Fan, W Zhang, et al. Flow characteristics in volute of a 
double-suction centrifugal pump with different impeller arrangements. 
Energies, 2019, 12(4): 669. https ://doi.org/10.3390/en120 40669 .

 [34] F M Zhou, X F Wang. Effects of staggered blades on the hydrau-
lic characteristics of a 1400-MW canned nuclear coolant pump. 
Advances in Mechanical Engineering, 2016, 8(8): 4949–4960. https ://doi.
org/10.1177/16878 14016 65794 4.

 [35] Y S Zeng, Z F Yao, F J Wang, et al. Experimental investigation on pressure 
fluctuation reduction in a double suction centrifugal pump: influence of 
impeller stagger and blade geometry. ASME Journal of Fluids Engineering, 
2020, 142(4): 041202. https ://doi.org/10.1115/1.40452 08.

 [36] F Badrieh. Sampling and the sampling theorem. in: Spectral, convolution and 
numerical techniques in circuit theory. Cham: Springer, 2018. https ://doi.
org/10.1007/978-3-319-71437 -0_25.

https://doi.org/10.1186/s10033-019-0319-9
https://doi.org/10.1186/s10033-019-0319-9
https://doi.org/10.1007/s12206-020-0620-7
https://doi.org/10.1007/s12206-020-0620-7
https://doi.org/10.1115/1.4026544
https://doi.org/10.1007/s12206-016-1015-7
https://doi.org/10.1186/s10033-018-0302-x
https://doi.org/10.1186/s10033-018-0302-x
https://doi.org/10.1115/1.4044965
https://doi.org/10.1115/1.4044965
https://doi.org/10.1115/AJKFluids2019-4687
https://doi.org/10.1186/s10033-018-0203-z
https://doi.org/10.1186/s10033-018-0203-z
https://doi.org/10.6041/j.issn.1000-1298.2017.01.011
https://doi.org/10.6041/j.issn.1000-1298.2017.01.011
https://doi.org/10.1115/1.4047803
https://doi.org/10.1115/1.4047803
https://doi.org/10.1115/1.4045995
https://doi.org/10.1177/1687814018769775
https://doi.org/10.1177/1687814018769775
https://doi.org/10.3390/en12040669
https://doi.org/10.1177/1687814016657944
https://doi.org/10.1177/1687814016657944
https://doi.org/10.1115/1.4045208
https://doi.org/10.1007/978-3-319-71437-0_25
https://doi.org/10.1007/978-3-319-71437-0_25

	Investigation on Reduction of Pressure Fluctuation for a Double-Suction Centrifugal Pump
	Abstract 
	1 Introduction
	2 Pump Model and Numerical Simulation Method
	3 Performance Experimental Verification
	4 Results and Analysis on Pressure Fluctuation
	4.1 Locations of Monitoring Points
	4.2 Pressure Fluctuation Results
	4.3 Mechanism of Pressure Fluctuation Reduction
	4.4 Vibration Experimental Results

	5 Conclusions
	Acknowledgements
	References




