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Abstract

performed to verify the developed model.

In this study, a dynamic model for the bearing rotor system of a high-speed train under variable speed conditions is
established. In contrast to previous studies, the contact stress is simplified in the proposed model and the compen-
sation balance excitation caused by the rotor mass eccentricity considered. The angle iteration method is used to
overcome the challenge posed by the inability to determine the roller space position during bearing rotation. The
simulation results show that the model accurately describes the dynamics of bearings under varying speed profiles
that contain acceleration, deceleration, and speed oscillation stages. The order ratio spectrum of the bearing vibra-
tion signal indicates that both the single and multiple frequencies in the simulation results are consistent with the
theoretical results. Experiments on bearings with outer and inner ring faults under various operating conditions are
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1 Introduction

In recent years, the rapid development of high-speed
trains has led to a rapid increase in the mileage and
number of high-speed trains globally. The safe and reli-
able operation of trains is critical to railway safety [1, 2].
As key components of train running systems, the move-
ment modelling and state monitoring of bogie axle box
bearings have attracted extensive research attention [3].
Dynamic simulations of bearing systems are commonly
used to better understand the mechanism of bearing
faults and their effects on movement. In these bearing
models, a set of differential equations is established to
study the influence of parameters on bearing motion
states. These equations can be solved using numerical
solution methods.
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In the early models, relatively simple nonlinear equa-
tions were used to simulate the bearing motion and
study the motion law of bearings based on the exact
solutions of these equations. For instance, Chinta et al.
[4] used dimensionless differential equations to describe
the unbalanced response of rotor bearings and Floquet
theory to study the stability and bifurcation behavior of
bearing systems. Sinou [5] established a dynamic model
of a flexible rotor-rolling bearing system under unbal-
anced excitation, used the harmonic balance method to
study the nonlinear motion law of the system, and ana-
lyzed the influence of the bearing radial clearance and
unbalanced mass on the Hertzian contact force between
the roller and raceway.

Because traditional methods for solving nonlinear
equations can only generate approximate solutions for
nonlinear systems with fewer degrees of freedom (DOF),
more advanced methods have been developed for higher-
DOF bearing systems. Fukata et al. [6] used a numerical
method to solve the differential equations for ball bear-
ing motion for the first time and intuitively analyzed the
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motion state of the bearings. Tiwari et al. [7] established
a nonlinear dynamic model for bearing rotor systems
and analyzed the influence of radial clearance on motion
stability based on Floquet theory. Sawalhi et al. [8] built
a dynamic model of a bearing and gear coupling system
in which a small sprung mass with relatively high damp-
ing is used to represent a typical high frequency. The
model was verified experimentally under different fault
conditions [9]. Tsuha et al. [10] developed a rolling bear-
ing model with improved fidelity by introducing a set
of equivalent contact stiffness and damping values and
using the theory of elastic fluid lubrication to calculate
the contact force. Song et al. [11] proposed a dynamic
model for spindle bearing systems by combining the
angular contact and floating bearings. Compared with
traditional methods, more factors that affect the bearing
motion are considered in these methods. The established
bearing motion models are therefore more accurate. At
the same time, the numerical solution methods pro-
vide a more intuitive solution of the equations as well as
greater convenience for further nonlinear analysis. How-
ever, these previous works have only focused on bearings
under constant operating conditions, which cannot ade-
quately describe dynamic operating conditions.

In contrast to bearings operating under relatively
consistent operating conditions, high-speed train
bearings in running systems often operate under
high-speed, heavy-duty, and harsh conditions and are
severely affected by strong noises in the surround-
ing environment. It is difficult to evaluate the bearing
quality directly and study the bearing motion states.
To address these challenges, dynamic model simula-
tion methods are required for high-speed train bear-
ings. The influence of various factors on the motion
states of bearings should be considered in the dynamic
modeling method to reduce the research cost and
improve research efficiency. Cao et al. [12] established
a nonlinear dynamic model for the CRH1 EMU (China
Railway High-speed-1, Electric Multiple Units) cou-
pling system in which the loose between the inner ring
and main shaft of the axle box bearing in a high-speed
train is considered. The motion characteristics of the
model were also studied and compared using optimized
numerical algorithms under various working condi-
tions. Cao et al. [13] established a dynamic model for
high-speed rolling bearings by considering actual fac-
tors such as the centrifugal and thermal expansion of
the inner ring. The model was then used to predict sys-
tem parameters such as the contact angle and bearing
stiffness and to perform a correlative analysis of the
bearing damage mechanism. Yang et al. [14] established
a 4 DOF nonlinear dynamic model with classic faults
for high-speed train bearing rotor systems. The model
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was verified using a certain type of high-speed train
bearing under outer ring, inner ring, and roller element
fault conditions. Liu et al. [15] established a 12 DOF
nonlinear dynamic model for high-speed train axle
box bearings with outer ring faults. The influence of
the bearing speed and fault size on the system motion
was studied from a nonlinear perspective. Wang et al.
[16] proposed a novel stochastic vehicle-track coupled
model to evaluate the dynamic performance of axle box
bearings in a high-speed train with unsteady wind loads
and random track irregularities. The model was used to
study the influence of crosswind speed on the dynamic
performance of the bearings.

Despite these achievements in bearing model research,
the existing works face the limitation that the failure
mechanism and bearing motion were all studied under
static bearing speeds. Mishra et al. [17] established a
bond graph model of rolling element bearings under spe-
cial operating conditions and experimentally verified its
effectiveness [18]. The main function of this model is to
generate a series of nonstationary signals for fault diag-
nosis algorithm research. However, this model cannot
describe the vibration response of each part of the bear-
ing rotor system. Moreover, the previous bearing models
have a single structure, which is insufficient to represent
the structural characteristics of the tapered roller bear-
ings in high-speed trains. Furthermore, in addition to the
bearing mass eccentricity, the shaft mass eccentricity is
also very important but has always been ignored in pre-
vious studies on bearing rotor systems. To address these
limitations, in this study, a dynamic model for the cou-
pling system of bearings and shafts is established to accu-
rately simulate the dynamics of an axle box bearing in a
high-speed train under variable speed conditions. The
novelties of this study are threefold: First, the shaft and
two bearings are regarded as a coupled system in which
the shaft is regarded as a rotor and the mass eccentricity
of the shaft is considered. Second, the angular iteration
method is used to calculate the spatial position of the
bearing rollers at each moment under the variable-speed
operation of the bearing. Third, the model is verified
through a series of simulations and actual experiments
with different fault modes.

The remainder of this paper is organized as follows:
Section 2 describes the process of building the shaft-
bearing coupling system model under variable speed
conditions and introduces the outer ring fault, inner ring
fault, and rolling element fault models. Section 3 presents
the simulation results when different types of faults are
present in the model under variable speed conditions.
Section 4 describes the verification of the model effec-
tiveness through a comparison of the physical and simu-
lation experiments.



Liu et al. Chinese Journal of Mechanical Engineering (2022) 35:47

Page 3 of 12

L e

@:ﬁ::m

Figure 1 Shaft and bearing coupling system model

2 Bearing Model

2.1 Bearing Dynamic Model

The running part of a high-speed train consists of an axle,
a left wheel, and a right wheel. According to the law of
energy conservation, the axle mass is equivalent to the
axle center of mass. Figure 1 shows the structure of the
axle box bearing in a high-speed train. O,, O, and O, are
the bearing geometry center, shaft section center, and
shaft section center of mass, respectively; e is the eccen-
tricity of the shaft cross section; m, is the equivalent mass
(kg) of the shaft at the center; K and C are the stiffness
and damping of the shaft, respectively; F,; and F, are
the reaction forces (N) received by the left end bearing
along the horizontal and vertical directions, respectively;
F. and Fp are the reaction forces (N) received by the
right end bearing along the horizontal and vertical direc-
tions, respectively; and a and f5 are the contact and half
cone angles in degrees, respectively. Because the rollers
of tapered roller bearings change the direction of the
contact force and decompose the load on the bearing
into the axial and radial components, the half-cone angle
should be considered in the model.

Figure 2 shows the schematic diagram of the bear-
ing dynamics model. m,, m, and m,, are the masses (kg)
of the bearing inner ring, bearing, and unit resonator,
respectively; x, and y,; are the displacements (m) of the
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Figure 2 Spring mass system of simplified bearings

inner ring along the horizontal and vertical directions,
respectively; K; and C, are the support stiffness (N/m)
and support damping (N-s/m) of the inner ring, respec-
tively; x, and y, are the displacements (m) of the outer
ring along the horizontal and vertical directions, respec-
tively; K, and C, are the support stiffness (N/m) and sup-
port damping (N-s/m) of the outer ring, respectively;
and y, K, and Cj, are the vertical displacement (m), stiff-
ness (N/m), and damping (N-s/m) of the unit resonator,
respectively. The bearing model in Figure 2 is coupled
with a series of spring mass models and simulated by
establishing a set of differential equations according to
Newton’s second law.

When a fault occurs, the periodic impact due to the
fault leads to the natural vibration of the bearing inner
and outer rings and other components. These vibrations
can be accurately simulated by adjusting the stiffness
and damping coefficients of the unit resonator [19, 20].
According to Newton’s second law, the vibration of the
shaft along the horizontal and vertical directions can be
described by:

{ Meiic + Cie + K(xe — %n1) + K (% — x11) = mcew? cos(wet),

(1)

mcj}c + Cyc + I((yc - yrl) +I<(J’c - yll) = mcewg cos(wct) — meg.

The vibration equations for the right-end bearing along
the horizontal and vertical directions are expressed as
follows:

m1¥e1 + Cixr1 + Kixe1 + Fxr cos(e — B) =0,
m1yr1 + Ciyn1 + Kiyrn + Fyr cos(a — B) =0,
moXry + Cokry + Koy — Fyr cos(a 4 B) = 0,

mayra + (G + Cp)ira + (K + Kp)yra — Kpyp — Cpyp — Fyr cos(a + B) = F cos(a + B).




Liu et al. Chinese Journal of Mechanical Engineering (2022) 35:47

The vibrations of the left-end bearing along the hori-
zontal and vertical directions can be calculated as follows:
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+ The force is decomposed along the horizontal and
vertical directions of the bearing.

myx); + Cix; + Kixyy + Fyp, cos(a — B) =0,
miyn + Ciyn + Kiyn + FyL cos(a — B) =0,
maXyy + Caxip + Kaxiy — Fyp cos(a + B) =0,

mayip + (Ca + Cp)yiz + (Ko + Kp)yie — Kpyp — Coyp — FyL cos(e + B) = F cos(a + B).

The vibration equations for the unit resonator along
the vertical direction at the right and left bearings can be
expressed as:

{ mpYrp + Co b — Jr2) + Ko b — ¥r2) = 0,
mpyib + Co O — I12) + Kp O — y12) =0,

where x, and y, are the displacements of the shaft cen-
troid along the horizontal and vertical directions, respec-
tively; x,, and y,, are the displacements of the outer and
inner rings at the right end bearing along the horizontal
direction, respectively; y,; and y,, are the displacements
of the outer and inner rings at the right end bearing along
the vertical direction, respectively; x;;, )5, ¥;;, and y,, are
the corresponding displacements at the left end bear-
ing; y,, and yy, are the displacements of the unit resona-
tor at the right and left ends along the vertical direction,
respectively; and F is the axle load of the train.

2.2 Bearing Support Reaction Force

The bearing support reaction force is required in this
model. However, the magnitude and direction of the
force changes with the rotation of the bearing. The force
is calculated as follows:

« The contact force at each roller is calculated.

Figure 3 Side view of a double-tapered roller bearing

+ The bearing support reaction forces along the two

directions are obtained by combining all the forces in
the respective directions.
Because the forces on the inner and outer rings of
the bearings are transmitted through the rollers dur-
ing bearing movement, the reaction force is the sum
of the resultant forces of the contact forces at each
roller. In practice, the motion state and force of the
bearings are very complicated. To simplify the calcu-
lation, the following assumptions were made. These
assumptions are commonly used and do not reduce
the accuracy or fidelity of the model.

+ The outer ring of the bearings is fixed on a rigid ele-
ment with a rotating velocity of 0 and exhibits hori-
zontal and vertical displacements.

+ The rolling elements are equidistantly located on the
raceway and perform pure rolling (i.e., sliding of the
rolling elements is not considered).

+ The contact stress is modelled using Hooke’s law.

Figure 3 shows the side view of a double-row tapered
roller bearing with N, rollers equally separated by an
angle of 2n/N,,. During rotating operation, the angle that
the i-th roller (i = 1, 2, ..., N,) turns at time ¢ can be cal-
culated as:

2n
szy(t)+ (l_l))l=1)2);N01 (5)
Ny

where y(¢) is the angle through which the roller indexed
by 1 turns at time ¢, and its initial value is y(¢;,) = 0. The
normal contact deformation of the i-th roller of the right-
end bearing with the raceway at angular displacement 6,
can be calculated as:

3; = (%1 — xr2) cOs0; + (¥r1 — Yr2) 8inb; —co,  (6)

where ¢, denotes the bearing radial clearance. The con-
tact force between the ball and the raceway can be
expressed as a nonlinear Hertz contact force [21, 22]:

Pi = K;8!'H;, ?7)

where K, is the contact stiffness and # = 10/9. When §; >
0, H; = 1, which indicates that there is a nonlinear Hertz
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contact force, whereas when §; < 0, H; = 0, which indi-
cates that there is no nonlinear Hertz contact force.

By decomposing the contact force at every roller along
the horizontal and vertical directions, the resultant force
in the two directions can be obtained. The total contact
force of the bearing along the horizontal and vertical
directions is the sum of the resultant forces from all the
rollers, which is given by:

No 1y
EFir = K; ZS?Hi cosb;,
i=1
Ny 10
Fr=K; Z 8,° H; sin 6,
i=1

where F.; and Fyp, are the contact forces along the hori-
zontal and vertical directions, respectively. The cor-
responding F; and F,; for the left-end bearing can be
similarly obtained.

2.3 Model Analysis with Different Fault Modes

To solve the model, the angle y(f) through which the
roller rotates at any time ¢ is required. However, in a
high-speed train, the angular rotating velocity of the
main shaft, wy(¢), is not constant. To address this, we
simplified and applied the angle iteration method [17] to
calculate the angle y(¢) in real time. The angle y(¢) can be
calculated as:

*+00
y(@) = /0 wo (2)¢dt. 9)
When the rotational speed changes with time, y(¢) cannot
be expressed as a linear function of time, and the total
angle through which the roller turns at each moment
cannot be determined from the angular velocity.

In the proposed angle iteration method, it is assumed
that the bearing speed is piecewise constant, that is, the
speed is constant within a short period of time At (At —
0). Consequently, the angle through which the bearing
rotates at time (¢ + At) can be expressed as y(t + Af) =
y(t) + w(t) At where w(t) is the relative speed of the roller
with respect to the location of the fault, which can be on

Couter

Figure 4 Outer ring fault model
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the outer ring, inner ring, or roller. Therefore, w(t) has
different values for different fault types. When the fault is
on the outer (or inner) ring, w(t) is the speed of the roller
relative to the outer (or inner) ring at £. When the fault is
on the rolling element, w(t) is the rotation speed of the
roller at t. A schematic of this process is shown in Fig-
ure 3. The problem is then transformed into the estima-
tion of w(¢). In the simulation, At represents the step size
used in each iteration of the ode45 solver.

2.3.1 Modeling of Outer Ring Fault

Figure 4 shows a scenario in which the outer ring has a
fault [23, 24] located in the lower bearing area where 6, is
the location of the fault center, 0, is the central angle of
the arc on which the fault is located, L, is the fault width,
r is the inner ring radius of the bearing, R is the outer ring
radius of the bearing, and r, is the section radius at the
center of mass of the tapered roller. When a roller rolls
over the fault area, the roller descending depth ¢
between the roller and raceway can be expressed as:

outer

Lo\ > )
rg — ré — (?O) ,cos(f; — 6.) > cos g,

Couter =

0, else,
(10)
where 6., = 2 arcsin(é—?e).
Because the outer ring speed is zero, the relative speed

of the roller with respect to the outer ring w,,..(t) can be
expressed as:
1 d
w(t) = Wouter (£) = 5(1 - D cos a)wo (), (11)

where d is the roller diameter, and D is the bearing pitch
diameter.

2.3.2 Modeling of Inner Ring Fault

Figure 5 shows a scenario in which the inner ring of the
bearing has a fault. In contrast to the outer ring fault, the
location of the inner ring fault continuously changes as
the bearing rotates. Because there is relative movement
between the bearing cage and inner ring, the inner ring is
used as the reference system. This makes the form of the
inner ring fault equivalent to that of the outer ring fault.

Cinner

Figure 5 Inner ring fault model
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Croller

90° 270
Figure 6 Rolling element fault model

When a roller rolls over the fault area on the inner race-
way, the roller descending depth c;, .. between the roller
and raceway can be expressed as:

Lo\ 2 6
rg — rg2 — (?0) ,cos(6; — 6.) > cos %,

Cinner =
0, else,
(12)
where 6, = 2 arcsin(%).
The relative speed of the roller with respect to the inner

ring wy,..,(¢) can then be calculated as:

1 d
w(t) = Winner(t) = 5(1 + — cosa)wy(2).

D (13)

2.3.3 Modeling of Rolling Element Fault

Figure 6 shows a scenario in which the rolling element
of the bearing has a fault and 8, is the central angle of
the arc on which the fault is located. When the bearing
has a rolling element fault, the roller contacts the inner
ring raceway and the outer ring raceway once in its own
rotation cycle as the inner ring of the bearing rotates.
Here, we set the bearing cage as the reference system and
assume that the initial angle of the fault area is 0° and that
the rollers only rotate (without revolution). When the
roller rotates 90° counterclockwise, it contacts the inner
ring. When the roller rotates 270° counterclockwise, it
contacts the outer ring. During this process, the roller
descending depth c, ., when the roller rolls over the fault
area can be calculated as:

Lo 2 Orc
_ 2 _ (0 . e
rg T < 5 ) ,cos(6; — ¢) > cos 5

Croller =

0, else,

(14)
where ¢ = 11/2 and 371/2 when the inner and outer race-
ways are contacted, respectively; 6y = Zarcsin(z%); and
the rotating speed of the roller w, ., (¢) is given by:
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Table 1 Bearing parameters
Parameter Value
Inner ring mass m; (kg) 463
Inner ring radius r (mm) 6.5
Total bearing mass m, (kg) 30
Outer ring radius R (mm) 120
Number of rollers N, 17
Contactangle a () 10
Half-cone angle 3 (°) 1.7
Bearing rolling element diameter d (mm) 26.5
Bearing pitch diameter D (mm) 156.25
Axle load F (N) 20250
Table 2 Bearing system model parameters
Parameter Value
Equivalent mass at shaft center m, (kg) 274
Bending damping of shaft C (N-s/m) 2x10°
Bending stiffness of shaft K (N/m) 148x10”
Mass eccentricity of shaft section e (mm) 107
Inner ring damping coefficient C; (N-s/m) 7000
Inner ring stiffness coefficient K; (N/m) 3.05x108
Outer ring damping coefficient G, (N-s/m) 7000
Outer ring stiffness coefficient K, (N/m) 145%10'°
Contact stiffness coefficient K (N/m) 1.55x%10'°
Table 3 Unit resonator parameters
Parameter Value
Vibrator mass m, (kg) 1
Stiffness coefficient K, (N/m) 8.8826x10°
Damping coefficient C,, (N-s/m) 9424.8

D d_, 9
w(t) = Wroller(t) = — (1 — (5) cos” a)wo(t). (15)

2d

Based on the above analysis, the contact deformation
in the fault area under different fault modes can be sum-
marized as follows:

8i = (%11 — %r2) o8 6 + (¥r1 — ¥r2) SIN G — €0 — Cchanges
(16)

is ¢ mnerr OF Croner depending on the

where Cchange outerr Ci

fault mode.
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3 Simulation Analysis of the Bearing Model

3.1 System Parameters

A series of simulations were performed to verify the
proposed model under varying speeds. Tables 1, 2, and
3 list the main parameters of the high-speed EMU axle
box bearing, rotor system, and unit resonator used in the
simulation, respectively.

3.2 Introduction to GATD

To verify the model, the simulation results are com-
pared with the theoretical results. The model was first
simulated under variable speed conditions to obtain
the time-domain waveform of the bearing vibration
acceleration. The order ratio spectrum of the vibration
was then calculated for bearing diagnosis. The model
is verified to be correct if the order ratio spectrum of
the vibration obtained from the simulation is close to
the theoretical one. Therefore, the key step is to find
a suitable fault diagnosis method to obtain the order
ratio spectrum of the bearing vibration acceleration. In
2016, Urbanek et al. [25] proposed a generalized angu-
lar temporal deterministic (GATD) signal model for
rotating machinery failures under variable speed condi-
tions based on cyclostationary theory. The GATD sig-
nal extracted from wind turbine bearings enables the
accurate identification of bearing faults. The advantage
of the GATD-based method is that it does not rely on
angle resampling and can be used to perform bearing
fault diagnosis while retaining the original signal char-
acteristics. Therefore, this method is adopted in this
study to extract the fault characteristics from the model
simulation results.

The GATD-based fault diagnosis process is as follows:
(1) First, the collected faulty bearing signal x(¢) is
normalized according to the Z-score standardiza-
tion method:

x( — t(p + 90)) — ur(p)
or(p)

wr (t),

(17)
where ¢(f) is the angle through which the roller
turns at time ¢ with the initial phase ¢,

zr (9. f3 90) =

% = max (‘;—ﬁ), w(?) is the Hanning window func-
tion, and 7(¢) is the angle-fixed time increment
used for positioning the window. y(¢) is the local
angular-temporal mean value of the signal x(z), and
o(¢) is the localized angular-temporal standard
deviation of x(¢), which is calculated as:
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J+T /2
nr(@; o) = — / x(u)du,

18
T )it (18)

1 ;~+T/2
or(pigo) = || = /) " () — nr(T(p)))*du,

(19)
where A = ¢ — (¢+¢,).
(2) A Fourier transform is performed on the nor-
malized signal:

1 /T 4
Zr(o.f; 90) = lim — Jt; pp)e 7Vt
(0. f5 %0) Jim T/o z7 (@, t; go)e
(20)
(3) A fast Fourier transform is performed on the

squared envelope spectrum of Z(¢, f; ¢,) to obtain
the angular-temporal spectrum (ATS) of the signal:

)
ATSr(Q.f,¢0) = lim_ é /0 |Zr [*e 2" dg,
(21)

where Z denotes Z; (¢, t; ¢,) to simplify the nota-
tion, Q is the frequency related to angle-fixed events
(expressed in orders), f denotes the event occurrence
frequency in Hz, and © is the maximum angle period.
The obtained ATS is a family of curves distributed in
three-dimensional (3-D) space. The order ratio spec-
trum of the signal can be obtained by plotting ATS
with Q as the horizontal axis.

3.3 Model Simulation

According to theoretical mechanics, the fault character-
istic order ratio of the outer ring, inner ring, and rolling
element can be calculated as [[26]]:
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Figure 7 Angular speed of bearing inner ring
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Order ratio

f(,:]\%x (1—cosa>, (22)

flz%x <1+coscx), (23)
1 D d 2

fr=2><d><<1+<Dcosot> ) (24)

For the bearing used in this study, f, = 7.082, f, = 9.917,
and f, = 2.871.

The simulation was conducted using MATLAB at a
sampling frequency of 512000 Hz. The angular rotation
velocity of the main shaft wy(t) given by Eq. (25) is shown

Figure 11 Variation of amplitude with fault size

in Figure 7. This speed was chosen to simulate the entire
operating process of the bearing system, which includes
accelerating, decelerating, and oscillating processes with
a sine law. Three simulations were conducted with the
fault size of L, = 1 mm for the three types of faults, i.e.,
an outer ring fault, an inner ring fault, and a rolling ele-
ment fault.

640t 02 <t<25
wo(t) = { 1600 + 400sin (t(¢ — 2.5)) 2.5 < ¢ <5,
4800 — 640¢ 5<¢<75.

(25)

The order ratio spectrum analysis method in Ref.
[25] was used to obtain the corresponding order ratio
spectrum from the solutions of Egs. (1)—(4). The time-
domain waveform of the bearing acceleration and the
corresponding order ratio spectrum were obtained by
simulating the model. Figures 8, 9, 10 show the results.

It can be intuitively seen from the above time-domain
graphs that when a fault occurs, the acceleration ampli-
tude of the bearing changes with the shaft angular
speed. In addition, the maximum amplitude increases
to different extents depending on the type of fault. This
implies that the location of the fault has different effects
on the vibration of the bearing. The bearing has the
most severe vibration when a fault occurs on the rolling
elements. Moreover, the results show that the simulated
characteristic order ratios of the outer ring (7.085),
inner ring (9.9172), and rolling element (2.8694) are
close to the calculation results given by Eqgs. (22)—(24).
Simultaneously, the corresponding frequency multi-
plication can be observed in the order ratio spectrum,
which proves the correctness of the model.

Because the order ratio spectrum is obtained from the
signal after two Fourier transforms, there is a linear rela-
tionship between the order ratio spectrum amplitude and
the original signal amplitude. Let the amplitudes cor-
responding to a single frequency (ACSFs) in the signal
order ratio spectra under an outer ring fault and an inner
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ring fault be A, and A;, respectively. The influence of the
fault location and fault size on the ACSF was studied, and
the results are shown in Figure 11.

Figure 11 shows that the ACSF values under the outer
ring fault are always larger than those under the inner
ring fault, and that the ACSF values in the order-ratio
spectrum under these two fault conditions increase as
the fault size increases. The latter indicates that the fault
size has an important influence on the motion state of the
bearing. As the size of the fault increases, more energy is
generated in the fault area when the roller collides with
the raceway, which causes an increase in amplitude at
fault characteristic frequency.

4 Experimental Verification

To make the operating conditions close to the actual
ones, a speed profile in which the bearing rotating speed
was increased from 0 to a certain speed, maintained for a
period of time, and then decreased to 0 was used in the
experiments. It is important to note that in the experi-
ments, no tachometer was used to measure the speed
of the bearing and no program was used to control its
speed. For fault type verification, the vibrations were
obtained from the experiment and the speed profile was
not needed. However, the speed profile was used as the
model input for the verification of the bearing operating
condition. As the model speed profile was unknown, the
instantaneous speed of the bearing must be estimated
from the bearing vibration signals.
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4.1 Fault Type Verification

Two EMU axle box bearings were used in the experi-
ments. One bearing had a through-groove fault on the
outer ring with a width of L, = 1 mm, and the other
a pitting fault on the inner ring with L, = 0.1 mm. A
schematic diagram of the outer ring, fault on the outer
ring, and fault on the inner ring is shown in Figure 12.
In the experiments, the vibration signal of the bearing
was collected for 60 s at the sampling frequencies of 51
and 200 Hz.

Acceleration sensors were installed near the experi-
mental bearing so that the vibration signal could be
accurately measured. Figure 13 shows the experimen-
tal platform and horizontal and vertical locations of the
Sensors.

The experiments were conducted on the bearings with
the seeded faults. Figure 14 shows the time-domain sig-
nal and order ratio spectrum of the bearing vibration
acceleration for the bearing with the outer ring fault. The
differences between the experimental and calculation
results for the first three-order fault feature order ratio
are 5.97%, 5.67% and 6.34%, respectively.

Figure 15 shows the time-domain signal and order ratio
spectrum of the bearing vibration acceleration for the
bearing with an inner ring fault. The differences between
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the experimental and calculation results for the first
three-order fault feature order ratio are 2.59%, 3.95%, and
4.15%, respectively.

As mentioned earlier, the bearing speed changed dur-
ing the experiments. Under these nonlinear operating
conditions, the acceleration amplitude of the bearing
changed continuously with time, which is typical of var-
iable-speed bearing operation in high-speed trains. The
results show that compared to the theoretical values
given by Egs. (22) and (23), the differences in the fault
characteristic order ratios under the two experimental
conditions are within the allowable range, which proves
the effectiveness of the model.

4.2 Bearing Operating Conditions Verification
To further prove that the model is also effective under
actual working conditions and robust against interfer-
ence from noise, the bearing speed estimated in the
experiment was used as the input of the model, and noise
was added to the bearing vibration acceleration signal
obtained from the model. Order ratio spectrum analysis
was performed on the model output vibration signal with
noise. The model is verified to be correct if the model
results are consistent with the calculation results.
Because no speed measuring device such as a tachom-
eter was used and the speed profile was not known,
the real-time speed of the bearing spindle could not be
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Figure 17 Simulation results of bearing with outer ring fault: a
‘g ) ) ; 9 9 Figure 19 Simulation results of bearing with inner ring fault: a
vibration acceleration, b order ratio spectrum o ) i
vibration acceleration, b order ratio spectrum

obtained. Therefore, the instantaneous speed curve
was extracted from the signals collected in the two
experiments and a time function was used to fit the two
working conditions for the model speed input. Simulta-
neously, on-site noise was added to the model to simulate
an actual noisy environment.

4.2.1 Verification Under Outer Ring Fault
The speed curve was extracted from the experimental
signals using the method in Ref. [27], and the noise sig-
nal extracted using the wavelet noise reduction method
[28]. Figure 16 shows the instantaneous speed and exper-
imental site noise extracted from the outer ring fault test
signal. The fitted curve function is fif) = — 0.002¢* +
0.2535¢% — 11.7572¢* +232.4658¢ — 2.0618 x 107

It can be observed that the bearing speed experienced
a process of increase, slow change, and decrease during
the experiment. The noise amplitude also underwent the
same process. Figure 17(a) shows the vibration signal
obtained from the model, fitted speed curve, and noise.
The order ratio spectrum in Figure 17(b) shows that the
frequency-singled, frequency-doubled, and frequency-
tripled values are close to the theoretical values given by
Eq. (22). The results demonstrate the effectiveness of the
model.
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4.2.2 Verification Under Inner Ring Fault

The same methods were used to obtain the time-fre-
quency curve and experimental site noise in the inner
ring fault experiment. Figure 18 shows the instantane-
ous speed and experimental site noise extracted from
the inner ring fault test signal. The fitted curve function
is flt) = — 0.0028¢* + 0.3423£% — 14.3913£% + 251.987t
—6.0213x107%,

The model vibration signal shown in Figure 19(a)
was obtained using the proposed model under the fit-
ted speed profile shown in Figure 18(a). The order ratio
spectrum in Figure 19(b) shows that the frequency-sin-
gled, frequency-doubled, and frequency-tripled values
are close to the theoretical values given by Eq. (23). The
results demonstrate the effectiveness of the model.

It is observed that the ACSF values under the outer
ring fault are smaller. This is because when the bearing
speed changed, the instantaneous impact load and ampli-
tude caused by a single fault were reduced. There are also
very few messy frequency components in the order ratio
spectrum, which proves that the model has good anti-
interference ability. Distinct results could be obtained
from the simulation model even when experimental site
noise was added.

5 Conclusions

(1) A dynamic model for the bearing system in the run-
ning part of high-speed trains under variable speed
conditions was established. The angle iteration
method is used in the model to address the problem
that the roller space position cannot be determined
during bearing rotation. This problem was ignored
in previous studies.

(2) By simulating the actual operating conditions of the
train, the vibration response of the system during a
process of speed increase, decrease, and oscillation
was obtained. The results indicate that the vibration
acceleration amplitude of the bearing outer ring is
positively correlated with the spindle speed of the
bearings. The results of the order spectrum analysis
are also consistent with the theoretical results.

(3) To demonstrate the effectiveness of the model,
bearing experiments and simulations under an
outer ring fault and inner ring fault and varying
speeds were conducted. The order ratio of the fault
characteristics shows that the errors between the
simulation and experimental results were always
within the allowable range, thereby proving the
effectiveness of the model.
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